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Abstract 
 
 
Noise in a vehicle is generally caused by the vibration of various automotive components, 
such as the dash board, door panels, roof, or the like.  For example, vibrations caused by the 
engine may cause a dash panel to vibrate leading to noise inside the cabin. The control of such 
noise and vibration may be achieved by placing a viscoelastic or other suitable damping material 
on the automotive component; however, conventional damping materials usually have a high 
density, which can lead to significant increases in the overall mass of the sound insulation 
system. A lightweight alternative employs piezoceramic patches connected in series to a Resistor-
Inductor (R-L) circuit, performing as a tuned vibration absorber; hence the term piezoelectric 
resonator is used. In the present work, the damping capacity of piezoelectric resonators is 
compared to conventional damping treatments in a sequence of three experiments. Initial 
investigations are carried out in a steel plate installed between reverberant and anechoic rooms, to 
enable measurements of sound transmission through the plate. An integrated approach using 
component modal analysis and assessments of sound pressured distribution is employed to 
identify the most relevant modes to the noise propagation. In sequence, FE simulation and 
theoretical analysis are used to support the choice of the electrical components values and the 
placement of piezoelectric patches for maximized actuation. Measurements of Sound 
Transmission Loss (STL) and Frequency Response Function (FRF) are conducted to demonstrate 
the structural vibration control and its resulting sound insulation. Furthermore, design elements of 
this experiment are replicated into a vehicle dash panel. With the dash panel installed between 
reverberant and anechoic rooms, the contribution of piezoelectric resonators on the sound 
transmission loss is proven to be effective in a complex structure. Finally, piezoelectric 
resonators are employed to attenuate the vibration induced by powertrain excitation in the back 
panel of a vehicle. In this practical application, the effect of structural vibration control and 
interior noise attenuation are evaluated in operational conditions. The work is concluded with a 
discussion on the achieved results and mass saving benefits of the proposed lightweight damping 
technique. 
 
 
Key Words: Vehicles - Control of noise, Vibration, Vibration - Control, Piezoelectric devices 
Piezoelectric materials 
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Resumo 
 
 
Ruído em um veículo é geralmente causado pela vibração de vários componentes. Por 
exemplo, vibrações causadas pelo motor podem causar vibração de um painel levando a ruído no 
interior da cabine. O controle de tal ruído e vibração pode ser conseguido através da aplicação de 
uma manta visco-elástica ou de outro material de amortecimento adequado sobre o componente 
do automóvel; no entanto, materiais de amortecimento convencional geralmente têm uma alta 
densidade, que pode conduzir a um aumento significativo na massa total do sistema de 
isolamento acústico. Uma alternativa para redução de peso emprega pastilhas piezocerâmicas 
ligadas em série a um circuito Resistor - Indutor ( RL ), funcionando como um amortecedor de 
vibração sintonizado; daí o termo ressoador piezoelétrico é utilizado. No presente trabalho, a 
capacidade de amortecimento de ressonadores piezoelétricos é comparada a tratamentos 
convencionais de amortecimento em uma sequência de três experimentos. Investigações iniciais 
são realizadas em uma chapa de aço instalada entre câmaras reverberante e anecóica para permitir 
medições de transmissão do som através da placa. Uma abordagem integrada utilizando análise 
modal e técnicas de visualização de campo acústico é utilizada para identificar os modos mais 
relevantes para a propagação do ruído. Na sequência, simulação por elementos finitos e análise 
teórica são utilizadas para auxiliar na escolha dos valores dos componentes elétricos e no 
posicionamento dos ressonadores piezoelétricos para atuação maximizada. Medições de Perda de 
Transmissão Sonora e Funções de Resposta em Freqüência são realizadas para demonstrar o 
controle de vibração estrutural e o isolamento acústico resultante. Elementos de projeto deste 
experimento são replicados no painel de instrumentos de um veículo, onde a contribuição dos 
ressonadores piezoelétricos sobre a perda de transmissão sonora é demonstrada em uma estrutura 
complexa. Finalmente, ressonadores piezoeléctricos são utilizados para atenuar a vibração 
induzida no painel traseiro de um veículo. Nesta aplicação prática o efeito do controle de 
vibração e atenuação de ruído interno são avaliados em condições operacionais. O trabalho é 
concluído com uma discussão sobre os resultados alcançados e os benefícios de redução de massa 
proporcionados pela técnica de amortecimento proposta. 
 
 
Key Words: Veículos - Controle de ruído, Vibração, Vibração - Controle, Dispositivos 
piezoelétricos, Materiais piezoelétricos. 
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Nomenclature 
 
 
Latin Letters 
 
C  = generic capacitance, F 
c   = speed of sound, m/s 
    [ Ec ]  = elasticity matrix, Pa  
[ e ] = piezoelectric constants matrix, C/m2 
f   = generic frequency, Hz 
k31  = electromechanical coupling coefficient 
K31 = generalized electromechanical coupling 
L  = generic inductance, H  
IL   = sound intensity level  
pL  =  sound pressure level (SPL) 
wL  =  sound power level 
R  = generic resistance, Ω 
optr  = optimal circuit damping 
{D} = electrical displacement vector, C/m
2 
STL = sound transmission loss 
{S}  = strain tensor, m/m 
t  = time, s 
{E}  = electric field vector, N/C  
I  = generic sound intensity, W/m
2 
P  = generic sound pressure, Pa 
Pw  = potential energy, J  
Q   = surface charge, A/m
2
 
Tk  = kinetic energy, J  
W   = sound power, W 
eW   = work done by electrical energy, J 
mW   = work done by magnetic energy, J 
 v  = velocity, m/s 
{ u }  = displacement vector, m 
 K  = generic stiffness matrix 
 M    = generic mass matrix 
[Lu]  = differential operator 
 G  = elasticity constants matrix 
 N  = generic interpolation function 
 B  = generic interpolation function derivative 
xxi 
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Greek Symbols 

  = absorption coefficient 
e   = electric resonance, rad/s 
   = generic resonance, rad/s 
   = damping loss factor 
    = electric potential vector, V 
   = permittivity matrix, F/m 
    = mass density, kg/m
3
 
   = gradient operator 
{ } = stress tensor, N/m
2 
e  = radiation efficiency
 
    = associated to virtual work 
 
 
Superscripts 
 
s refers to base structure  
s refers to short circuit 
o refers to open circuit 
p refers to piezoelectric material 
u   refers to displacement 
  refers to electric potential 
  indicates piezoelectric matrix 
u indicates electromechanical coupling  
uu  indicates piezoelectric and structural association 
 
 
Subscripts 
 
s refers to base structure  
E measured at constant electric field 
e refers to finite element 
rms  refers to Root Mean Square (RMS) value 
S measured at constant strain  
T transposed matrix  
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1 INTRODUCTION  
 
 
 The action of the many dynamic excitations present in a traveling vehicle has effects 
ranging from the integrity of the structure to induced noise and vibration. For example, the 
vibrations that occur in a vehicle involve a wide range of frequencies, from below 1 Hz for 
maneuvering loads, up to about 10 kHz for acoustic excitations. The effect does not only depend 
on the nature and the intensity of the excitation, but also on the multiple propagation paths 
between source and receiver (Morello et al., 2010). Depending on the mechanism at the base of 
the propagation, the interior noise is commonly referred to two different propagation paths: the 
structure-borne path and the airborne path, or a combination of both. In the airborne component, 
the noise irradiated by a source may enter the interior of the vehicle through apertures, by 
propagation through the air. In a typical structure-borne path, a source of vibration may excite the 
vehicle panels, producing pressure variations inside the cabin and hence interior noise (Verheij, 
1992). As a first approximation, structure-borne transmission can be considered to dominate 
below 125 Hz, while the airborne becomes increasingly important above 400 Hz. The mid 
frequency range, between 125 Hz and 400 Hz, includes the resonances of the car body as a 
flexible structure. This frequency range represents a partial overlapping of the frequencies that 
are perceived as vibrations with the noise. The acoustic excitations included in this range are 
sometimes perceived by the ear as pressure variations, usually referred to as “boom”. 
 The existence of so many types of noise and transmission paths has prompted substantial 
effort into the development of different noise control strategies. These control methods are too 
numerous to list, however, all of them can be categorized into one of two categories: passive 
noise control and active noise control. 
 Passive noise control is sound reduction by isolating treatments such as: barriers 
(enclosures, weighted materials, walls); absorber materials (acoustical foams, fibrous blankets, 
acoustical tiles); vibration isolators (equipment mounts, plastic or rubber-based bushings, steel 
spring supports); and damping materials (viscoelastic sheets, mastic solutions, adhesive films). 
The first two categories deal with airborne noise already propagating in the air. The last two 
items deal with structure-borne vibration, which will appear as airborne noise after being radiated 
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by a structure, unless it is either isolated or damped. The process of noise control involves 
blocking these paths and eliminating the energy wherever possible. For example, the rigidity of a 
panel may be increased by increasing its thickness, or by providing ribs and structural 
reinforcements in the panel. Alternatively or in addition, a viscoelastic material can be thermally 
bonded to the panel, to add damping in the system (Patton, 2006). These methods are well known 
to be cost-effective in reducing the vibration transmissivity of vehicle panels; however, its usage 
can lead to significant increase in the overall mass of the vehicle. 
 As a mean of mass reduction, the capability of piezoceramics to transform mechanical 
energy into electrical energy, and vice versa, allows the design of lightweight active and passive 
damping systems (Inman et al., 2002). Typically consisted of Lead Zirconate Titanate (PZT) or 
Barium Titanate (BaTIO3), piezoceramics have been widely employed as sensors and actuators 
in active control applications, such as, noise control of enclosures using piezoelectric actuators 
(Sampath and Balachandran, 1997; Balachandran et al., 1996) and adaptive sandwich structures 
(Benjeddou, 2000). Furthermore, an extensive review of active sound and vibration control in 
engineering applications, including the principles of active control of sound radiation from plates 
and cylinders, is given in Fuller et al. (1996).  
 Unfortunately, there are several drawbacks associated with the use of active vibration 
control. For example, the performance of active vibration control systems is limited by the need 
of a feedback controller (Collet et al., 2011) and by the use of high-voltage amplifiers to drive the 
actuators (Seba, et al., 2006). To overcome these disadvantages, many researchers have 
investigated the use of piezoceramics for passive noise control. In 1979, Forward was the first to 
suggest the possibility of using passive electrical shunts with piezoelectric elements for vibration 
suppression and passive noise control (Forward, 1979). In his experiment, the mechanical 
vibration was converted into electrical energy by the piezoceramic, and dissipated in form of 
thermal heat through a resistor. Forward also experimentally investigated the effect of using 
inductive shunting with a piezoelectric element on a metal beam. Later, Hagood and von Flotow 
developed quantitative analytical models for piezoelectrics shunted with resistive and inductive 
circuits (Hagood and von Flotow, 1991). They showed that when a PZT is attached to a resistive 
circuit, the frequency dependence of the piezoceramic behaves similar to viscoelastic damping. 
Yet, it was demonstrated that the PZT shunted with an inductor and a resistor has an electrical 
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resonance, tunable similar to a vibration absorber, hence the term piezoelectric resonator is used. 
Improvements in the topology of the electrical circuit would make possible simultaneous 
reduction in more than one vibration mode (Viana and Steffen, 2006). Attractive features of the 
passive approach include low mass and simplicity of the electrical components used.  
 Although the potential mass saving benefits, damping systems with piezoelectric 
sensors/actuators are rarely explored in complex structures or in vehicle applications. Most of the 
available scientific research on the subject is restricted to vibration suppression in simple 
structures, like beams, flat plates and cylindrical shells (Granier et al., 2001; Inman et al., 2002; 
Moheimani and Behrens, 2004; Nguyen and Pietrzko, 2006).  
   
1.1 Objective 
  
 The objective of this research is to demonstrate noise and vibration benefits, and potential 
weight savings of combining piezoelectric patches and dissipative shunt circuits for vibration 
suppression, as compared to conventional viscoelastic sheets.  
 Starting from initial investigations in a flat plate, the proposed design approach shall be 
incorporated into more complex systems and extended to an automotive component, targeting the 
interior noise reduction at vehicle level. 
 By disclosing information and learnings the work is intended to contribute for narrowing 
the technological gap between the vast majority of the scientific research on adaptive beans and 
plate type structures and the practical challenges involved in a vehicle application. 
 
1.2 Approach  
 
 The thesis starts with an introduction on noise and vibration. Further, piezoelectric 
resonators are defined with an explanation on the piezoelectric theory. After the introductory 
sections, the damping capacity of piezoelectric resonators is compared to conventional 
viscoelastic sheets in a sequence of three experiments, conducted at the test facilities of General 
Motors Cruz Alta Proving Grounds (CAPG), in Indaiatuba-Brazil. More precisely, the 
experimental sections are organized as follows: 
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1. Initial investigations are carried out in a steel plate installed between reverberant and 
anechoic rooms for assessments of sound insulation. Using a commercial Near-field 
Acoustic Holography (NAH) system, the sound field is visualized directly over the 
radiating surface, identifying the most relevant modes to the noise propagation. Finite 
Element (FE) simulation and theoretical analysis are employed to design piezoelectric 
resonators to perform in the identified critical modes. Measurements of Sound 
Transmission Loss (STL) and modal analysis are conducted to demonstrate the structural 
vibration control and its resulting sound transmission control as compared to viscoelastic 
damping sheets. 
2. Further, design elements of the flat plate project are replicated into an automotive 
component. The evaluated system consists of a dash panel installed between the 
reverberant and anechoic rooms. Piezoelectric resonators are designed to perform in a 
critical noise transmission path, identified by means of Spherical Harmonic Beamforming 
(SHB) technique. In sequence, FE simulation and theoretical analysis are used to support 
the choice of the electrical components values and the correct placement for piezoelectric 
patches. The resulting sound transmission control is compared to baseline measurements 
with conventional viscoelastic material thermally bonded to the panel surface. 
3. Finally, piezoelectric resonators are designed to attenuate the vibration induced by 
powertrain excitation in the back panel of a vehicle. In this practical application, the effect 
of structural vibration control and reduced interior noise are evaluated in operational 
conditions. Integrated component modal analysis and NAH technique are employed to 
determine the most relevant mode to the noise propagation. Further, structural-acoustic 
transfer functions are employed to characterize the coupling between the cabin cavity and 
the back panel. The application is concluded with a discussion on the achieved results and 
mass saving benefits 
 In the Conclusion chapter, the key findings are highlighted and prospects for future 
research are presented.  
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2 NOISE AND VIBRATION 
 
 
2.1 Intensity Measures 
  
 The aim of the following sections is to summarize the main physical quantities used to 
measure the sound intensity. 
 
Sound Pressure 
 
 Sound pressure is the local pressure deviation from the ambient atmospheric pressure 
caused by a sound wave. The sound pressure fluctuates with time and can be positive or negative 
with respect to the normal atmospheric pressure. The propagation of sound may be illustrated by 
considering gas in a tube with rigid walls and having a rigid piston oscillating back and forth for 
some time (Figure 1).  
  
Figure 1: Sound pressure distribution undergoing simple harmonic cycle (Crocker, 2007). 
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 As the piston moves backward and forward from its normal equilibrium position at x = 0, 
the gas in front of the piston is set into motion. During the time interval T, the piston has 
undergone one complete cycle of oscillation and makes f oscillations each second, so that its 
frequency f is equal to 1/T (Hz). If the gas is compressed into a smaller volume, its pressure 
increases. As the piston moves to the right, it compresses the gas in front of it, and as it moves to 
the left, the gas in front of it becomes rarified. When the gas is compressed, its pressure increases 
above atmospheric pressure, and, when it is rarified, its pressure decreases below atmospheric 
pressure.  
 The wavelength   refers to the distance between two consecutive compressions or between 
two consecutive rarefactions. The pressure difference above or below the atmospheric pressure 0p  
is known as the sound pressure p in the gas. Thus sound pressure is given by 0ppp tot  , where 
totp  is the total pressure in the gas. 
 As sound pressure varies in magnitude and frequency it is normally convenient to have a 
single number measure, by determining its time-averaged value. The time average of the sound 
pressure at any point in space, over a sufficiently long time, is zero and is of no interest or use. 
The time average of the square of the sound pressure, known as the mean square pressure, 
however, is not zero. If the sound pressure at any instant t is  tp , then the root mean square (rms) 
pressure rmsp  is the time average of the square of the sound pressure over the time interval T 
(Crocker, 2007): 
   
21
0
22 1
/
T
rms dttp
T
tpp 





  .               (1) 
Sound Pressure level 
 
 Quite often such single value does not give sufficient information about the nature of the 
sound, and therefore the rms sound pressure is determined in frequency bands. In this case, 
frequency weighting filters are usually applied to the signal before the rms value is determined. 
The resulting sound pressures are practically always compressed logarithmically. The logarithmic 
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measure of the rms sound pressure relative to a reference value is called Sound Pressure Level 
(SPL), pL . It is measured in decibels (dB) above a standard reference level, 







0
1020
p
p
logL rmsp ,             (2) 
 The standard reference sound pressure in air is 0p  = 20 µPa, which is usually considered 
the threshold of human hearing (at 1 kHz). The threshold of hearing is the minimum sound level 
of a pure tone that an average ear with normal hearing can hear with no other sound present. 
 
Particle Velocity 
 
 In Figure 1, as the piston vibrates, the gas immediately next to the piston must have the 
same velocity as the piston. A small element of fluid is known as a particle, and its velocity, 
which can be positive or negative, is known as the particle velocity.  
 For a free plane longitudinal wave, i.e., wave propagation without reflections, 
displacements are parallel to the direction of the wave. Analyzing a longitudinal wave, the 
solution for the particle displacement y as a function of position x and time t can be written as:   
)tkxsin(Ay  ,                   (3) 
where A is a given amplitude of vibration of the piston, k is the wave number   /k 2  and  is 
the angular frequency. Hence, the velocity of a particle in a medium as it transmits a sound wave 
is given by: 
 tkxcosA
t
y
u  


 .                       (4) 
Acoustic Impedance 
 
 Acoustic impedance of a medium, which has the symbol z, is the ratio of acoustic pressure 
p to specific flow, or particle velocity u. 
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u
p
z  .                            (5) 
 The characteristic (acoustic) impedance is an inherent property of a medium given by
cz  , where, is c speed of sound in a medium (usually air) with density  . Hence, for a free 
plane longitudinal wave, the sound pressure p  is connected to particle velocity u  by: 
 
 c
p
uorucp

  .              (6) 
Sound Intensity 
 
 The intensity of a sound wave is the amount of energy rE  that flows through a given 
surface area S  per unit of time t . The direction of the intensity is the average direction in which 
the energy is flowing and the component of intensity in the r-direction is defined as: 
St
E
I rr  .               (7) 
 In acoustics, energy rE  is the work done by the sound field on the air particles causing 
them to move: 
S
FSd
FdWorkE rrr  ,                (8) 
where F and rd  are the force and the distance. Since S/F  is the sound pressure p , 
rr pSdE  .                  (9) 
 Therefore to describe intensity, (9) is substituted into (7):  
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t
pd
St
pSd
I rrr  ,          (10) 
rr puI  .               (11) 
where t/du rr   is the particle velocity in the r-direction. 
 For a progressive sound wave in free field, the combination of equations (6) and (11) leads 
to a unique relation between rms sound pressure and intensity in the direction of the wave 
propagation, 
 c
p
I rms

2
 .              (12) 
 
Sound Intensity in Diffuse Sound Field 
 
 In a plane propagating sound wave the relation between rms sound pressure 
1p  and sound 
intensity I1 is:  cIp 1
2
1  . 
 In a diffuse sound field the rms sound pressure diffp  is the result of sound waves 
propagating in all directions, and all having the sound intensity I1. By integration over a sphere 
with solid angle  4 , the rms sound pressure in the diffuse sound field is: 
   cIdcIpdiff 

1
4
1
2
4 

.           (13) 
 In the case of a plane wave with angle of incidence   relative to the normal of the surface, 
the incident sound intensity on the surface is: 
 
 
 

 cos
c
p
cosII
diff
4
2
1  .                (14) 
 This is just the sound intensity in the plane propagating wave multiplied by the cosine, 
which is the projection of a unit area, as seen in Figure 2 (Jacobsen et al., 2011). 
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Figure 2: Plane wave at oblique incidence on a surface (left). Diffuse incidence on a surface 
(right). 
  
 The total incident sound intensity is found by integration over all angles of incidence 
covering a half sphere in front of the surface, Figure 3. The integration covers the solid angle ψ = 
2π: 
 
     






 ddsincos
c
p
dII
/
diff
inc
2
0
2
0
2
2
4
1
 
 
   
 
 2
1
2
1
2
4
1
21
0
2
c
p
sindsin
c
p diffdiff





 
 c
p
I
diff
inc
4
2
 .                      (15) 
This is four times less than in the case of a plane wave of normal incidence. 
 

I
diffp
incI
1p
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Figure 3: Definition of angles of incidence in a diffuse sound field. 
  
Sound Intensity Level 
  
 The sound intensity level, 
IL  , is defined as: 







0
1010
I
I
logLI ,          (16) 
where and 0I  is the reference intensity ( 0I = 10
−12
 W/m
2
). 
 
Estimator for Particle Velocity 
 
 The relation between particle velocity and sound pressure can be whiten in form of Euler’s 
equation of motion, which is simply Newton’s second law of motion for a fluid (Trinh, 1994): 


d
d
   dsin
x
y
z
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p
t
u



 ,                     (17) 
(  is the gradient operator for spatial derivative z/,y/,x/  ). Integration of (17) with 
respect to time gives the particle velocity: 
dtpu  
1
,                    (18) 
where p  is the pressure gradient at a point in space. From (18), the component of u in the r 
direction is given by: 
dt
r
p
ur  









1
.          (19) 
 By using the finite difference approximation, the pressure gradient can be estimated in 
practice by measuring the pressures 
Ap  and Bp  at two closely spaced points separated by a 
distance r : 
r
pp
r
p AB





.              (20) 
The pressures 
Ap  and Bp  can be measured by two microphones close to each other 6-50 mm. 
 Substituting equation (20) into equation (19) the estimator for the particle velocity is given 
by: 
 dtpp
r
u ABr  


1
.               (21) 
Estimator for Sound Pressure 
 
 Using a system of two microphones for estimation of particle velocity, the sound pressure p 
can be estimated as the average of the pressures 
Ap  and Bp . Hence: 
2
AB
r
pp
p

 .                 (22) 
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Estimator for Sound Intensity 
 
 Finally, the estimated sound intensity in the r-direction, is given by: 
 
  

 dtpp
r
pp
I AB
AB
r
2
.        (23) 
Equation (23) is used in commercial signal processing analyzers for calculation of intensity. 
 
Sound Power and Sound Power Level  
 
 Sound power is the rate at which energy is radiated (energy per unit time). The sound 
power W  of a sound source is given by integrating the intensity over any imaginary closed 
surface area S surrounding the source: 
dS
)c(
p
dSIW
S
rms
S
  
2
         (24) 
and the sound power level, wL , from a source is defined as: 







0
1010
W
W
logL rmsw ,          (25) 
where rmsW  is the rms value of the power output from the source and 0W  is a reference power  (
0W  =10
−12
 W).  
 
2.2 Sources of Noise in a Vehicle 
 
 In this section the main dynamic excitations that act on the car body are summarized as: 1) 
road surface and the rolling of the tire; 2) the engine and powertrain; and 3) the wind and 
aerodynamics.  
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Engine/Powertrain 
 
 The internal combustion engine produces vibrations due to the movement of its mechanical 
parts and to the thermodynamic cycle. The crankshaft and the alternating masses of the pistons 
and connecting rods generate centrifugal and alternate inertia forces that are transmitted to the 
engine block. The forces acting on the axis of the crankshaft include 1st, 2nd, 4th, and higher 
orders of the angular frequency of the crankshaft. The order of vibration in a rotating system is 
associated to how many pulses it makes per revolution. For instance, for a tire with one bubble in 
the tread, one pulse is perceived as the bubble slaps the road’s surface, characterizing a first order 
of vibration. If there were two bubbles located in two different places of the tire, then two pulses 
would be noticed per each revolution, resulting in the second order of vibration. Three bubbles 
would make a third order, and so on. 
 In engines the order of vibration is preset to half of the number of cylinders that the engine 
has. Per every one revolution of an engine, half of its cylinders fire producing a pulse per firing. 
A four-cylinder engine has a second order of vibration; a six-cylinder engine has a third order of 
vibration, and so on. This means that for a four cylinder engine rotating at 900 rpm or 15 Hz (900 
rpm/60 s), the fundamental excitation frequency, or “firing” frequency, is determined by the 
crankshaft frequency multiplied by two (half of the number of cylinders), which leads to 30 Hz (2 
x 15 Hz) of firing frequency. 
 As the inertia forces are proportional to the acceleration and, therefore, to the square of the 
engine speed, the excitation due to the pressure forces prevails at low speeds while the inertia 
forces dominate at high speed. Minor effects due to other moving elements, such as the camshaft 
and the valve-train, are added to those produced by the crankshaft and pistons. Figure 4 illustrates 
the frequency analysis of the interior noise in a vehicle driven by a four cylinders engine for 
increasing speeds from 1000 rpm to 6000 rpm. For each different engine speed (rpm), the 
diagram represents the amplitude of the frequency components. This diagram is usually called 
“waterfall” diagram or “spectrogram”. Due to the three dimensional nature of the diagram, the 
amplitude is reported with a color coding. As expected for four cylinders, the second order is the 
fundamental component. 
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Figure 4: Spectrogram in acceleration. For each engine speed (rpm), the amplitude of the 
harmonics is reported with a color coding (grey-scale) as function of the frequency. The 
dotted line evidences the firing order. 
 
 The engine vibrations produce dynamic strains and forces in the elements (engine 
suspension) that connect it to the vehicle structure. Vibrations in the vehicle body are amplified 
by the resonances of the various structural parts. The vibrations of the engine block surfaces also 
induce pressure waves in the engine compartment that propagate as airborne noise, transmitted to 
the interior of the car through the vibration of the structural panels (the dash panel, for example). 
In addition to the combustion forces, the intake and exhaust flows constitute another source of 
dynamic excitation.  Finally, the fuel injection system, alternator, fans, starter, compressor of the 
air conditioning system, and the power steering system are some of the various auxiliaries 
powered by the engine. The different mechanisms involved in their operation (mechanical, fluid 
dynamics, electromechanical) correspond to other sources of noise and vibration that are 
transmitted by airborne paths or by the structure to interior of the vehicle. 
 
Tires/Road 
 
 Tire/road noise has become increasingly important for overall sound quality perception due 
to the ongoing and successful reduction of powertrain noise. Road noise generally starts to be 
noticeable at vehicle speeds above 50 km/h, but its contribution to overall interior noise is 
maximum between 60 and 90 km/h and then decreases at higher speeds, where aerodynamic 
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noise becomes predominant. For this reason, tests for road noise are generally conducted at 
constant speeds, typically 80 km/h on different road surfaces. The road noise is generated by the 
interaction between the tire and the road surface and excites the vehicle through both structural 
and airborne paths. An example road noise spectrum is provided in Figure 5. The third of octave 
bands represent the analysis of the SPL measured on the passenger seat of a vehicle at 80 km/h, 
in 5
th
 gear, over a smooth asphalt road. The same chart also illustrates the SPL at 120 km/h in 5
th
 
gear, dominated by wind noise, and the SPL at 30 km/h in 2
nd
 gear, where powertrain is the 
primary acoustic source. 
 
 
Figure 5: Interior road, wind and powertrain noise spectrum at different speeds. 
 
 At high frequency the major road noise effect occurs between 400 Hz and 1300 Hz, which 
is the typical “tire-band” range. In this range, both broad-band and narrow-band (tonal) 
components may be present, due respectively to turbulent type excitation at the tire patch and to 
tread pitch harmonics. In this frequency range, the path followed by the noise from the tire patch 
to the interior occupants is airborne; i.e., propagated through holes, as leakage, and due to 
insufficient acoustic transmission loss of vehicle panels (floor, doors, windows, etc.). Tire/road 
noise also has significant acoustic contribution at low frequencies, especially around 120 Hz, 
where tire acoustic cavity modes are present. Alongside the tire acoustic cavity modes, low 
orders of the tire rotation (related to the number of block elements around the tire) can affect the 
sound quality as well. 
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Wind/Aerodynamics 
  
 Wind noise is caused by the flow of air over the exterior of vehicle and the flow of air into 
and out of the cabin arising from imperfect sealing of door frames and glasses. It is the 
predominant component of interior vehicle noise at speeds above 100 km/h. Typically tested at 
steady vehicle speeds between 100 and 160 km/h, either on the road or in a wind tunnel, wind 
noise refers to the following conditions of excitation: 
• Aerodynamic noise made by the vehicle as it moves at high speed through a steady 
medium (air). This is related to the aerodynamic (or drag) coefficient of the vehicle, which 
is a function of the vehicle shape and its cross-sectional area. 
• Aerodynamic noise due to turbulence through holes, which is correlated to how tightly 
sealed the vehicle is (around doors, hood, windshield etc.). 
• Aerodynamic noise due to exterior varying wind conditions, such as cross-wind on a 
highway. This is different from the previous two, since this type of wind noise is 
fluctuating. 
• Very low-frequency (10 Hz to 20 Hz) beating noise occurring when either a rear window 
or the sunroof are partially open. This is due to the Helmholtz resonance of the vehicle 
cabin, which is excited by the air flow along the boundary of the window or sunroof 
opening. 
 The last two types of noise are also often referred to as wind buffeting or wind gusting 
noises. The frequency spectrum of steady wind noise is typically broadband and heavily biased 
toward the low frequencies (31.5 Hz to 63 Hz). Gusting noise due to cross-wind, as an example, 
is impulsive and has content at higher frequencies (above 300 Hz or so). 
 
2.3 Noise and Vibration Paths 
 
 Noise in a vehicle is generally caused by the various sources of dynamic excitation, such as 
air induction and exhaust systems, accessory drives, engine combustion, aerodynamics and tire-
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road interaction. Depending on the mechanism at the base of the propagation, the interior noise is 
commonly referred to two different vibration paths (Figure 6):  
 Structure-borne: refers to the transmission of dynamic forces to the vehicle body by 
means of connection points and structural interfaces. Such transmitted excitations induce 
vibrations in the structure and in the car body panels. Ultimately, the structural vibrations 
are transmitted to the air that surrounds the occupants inside the vehicle thus causing 
noise. For example, the vibrations from engine and wheels/suspension systems may be 
transmitted by mounts to the chassis, causing car body panels such as the dash and the 
floor to vibrate, therefore inducing acoustic pressure variations inside the vehicle and 
hence noise. 
 Airborne: describes the path for the noise that directly radiates from a source and reaches 
the receiver by propagation through air. For example, sound pressure variations induced 
by the vibration of the engine block, may produce incident sound waves on the dash 
panel. Part of its sound energy is reflected, some portion is absorbed and the rest is 
transmitted to inside of the vehicle through the dash panel. The tires/road interaction and 
aerodynamic (wind) noise are also examples of airborne path including a structural 
element. In some cases the existence of holes or direct air connection between an 
enclosure and another, allow a direct transmission path through the air.  
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Figure 6: Schematic representation of airborne and structure-borne noise paths (Kitahara 
et al., 1984). 
 
 In all cases, the final phase of the noise transmission is in the air around and inside the ears 
of the occupants. Distinguishing between airborne and structure-borne noise is then a matter of 
considering the transmission between the source and the panels that surround the interior of the 
vehicle. With reference to Figure 7, the vehicle interior noise is usually classified considering 
conventional frequency ranges. As a first approximation, structure-borne transmission can be 
considered to dominate below 125 Hz, while the airborne becomes increasingly important above 
400 Hz.  
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Figure 7: Interior noise classification based on frequency ranges.  
 
 The mid frequency range, between 125 Hz and 400 Hz, includes the resonances of the car 
body as a flexible structure. This frequency range represents a partial overlapping of the 
frequencies that are perceived as vibrations with the noise. Acoustic excitations included in this 
range are sometimes perceived by the ear as high pressure variations, usually referred to as 
“boom”.  
 
2.4 Noise Control Treatments 
  
 The existence of so many types of noise sources and transmission paths has prompted 
substantial effort into the development and implementation of different noise control strategies. 
These control methods are too numerous to list, however, all of them can be categorized into one 
of two categories: passive noise control and active noise control. 
 
 
2.4.1 Passive Noise Control  
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 Passive noise control is sound reduction by noise-isolating treatments such as: 1) Barriers 
(enclosures, weighted materials, walls); 2) Absorber materials (acoustical foams, fibrous 
blankets, acoustical tiles); 3) Vibration isolators (equipment mounts, plastic or rubber-based 
bushings, steel spring supports); and 4) Damping materials (viscoelastic sheets, mastic solutions, 
adhesive films). 
 The first two categories above deal with airborne noise already propagating in the air. The 
last two items deal with structure-borne vibration, which will appear as airborne noise after being 
radiated by a structure, unless it is either isolated or damped. In general, effective noise control 
incorporates the use of both barriers and absorbers for air borne noise and both isolation and 
damping for structure-borne noise. The process of noise control involves blocking these paths 
and eliminating the energy wherever possible.  
  
Vibration Isolation 
 
 Vibration isolation reduces the transmission of vibrational energy from one system to 
another. Common vibration isolators are steel springs, rubber pads or mounts. An automobile 
suspension is a good example of damped isolation, where shock absorbers dissipate energy by 
pumping a fluid through orifices that offer a predetermined resistance to high-velocity flow. 
Many isolation systems use elastomeric materials to provide both the spring force and damping. 
 One way to compare the behavior of various isolators is to measure their transmissibility, 
which is a measure of the vibration response of a system divided by the magnitude of the 
vibration input to the system. Than lower is the transmissibility, the better is the isolation 
performance. Typical transmissibility curves, comparing the vibrational acceleration response of 
materials used in isolation applications, are shown in Figure 8.  
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 Figure 8: Interior noise classification based on frequency ranges. 
 
 Resonance is the point of maximum response amplitude in an isolated system and can be a 
disruptive, as well as destructive, phenomenon. As the damping in a material increases, the 
system amplification response can be minimized at or near the natural frequency. Damping, in 
the form of an isolation material, provides means to control resonance. This can be especially 
beneficial in combustion engines, which must run through a variety of frequencies, or those 
applications that frequently go through a startup or slowdown as part of the operation cycle.  
   
Structural Damping 
 
 Besides the cavity and the structural modes that can interact each other, the vibration from 
vehicle panels can induce accelerations in the air and the propagation of pressure waves inside 
the cavity. An important parameter in the mechanism that leads to the pressure waves produced 
by a vibrating panel is the radiation efficiency. A vibrating panel can have regions that move in 
one direction and regions that move in the opposite direction at the same time. The pressure that 
grows in some parts can be compensated by the reduction in other regions. The radiation 
efficiency in this case is influenced by the size and amplitude of the parts that move in the 
opposite directions and by the frequency (the smaller the frequency, the more the air at higher 
pressure can move to fill in the pressure gap). 
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 The radiation efficiency   is the ratio between the acoustic power radiated from a source 
and the power radiated by a piston of the same area, that vibrates with a frequency large enough 
to make the pressure wavelength negligible compared to the size of the piston, 
Scu
W
2
  ,                    (26) 
where W  is the acoustic power radiated from a given surface of area S,   is the mass density of 
the fluid, c the speed of sound, u  the particle velocity of the radiating surface.  
 In automotive applications viscoelastic damping sheets are usually applied on large 
surfaces of sheet metal, e.g., floor, dash, trunk and roof, to dissipate structure-borne excitation of 
body panels, Figure 9. When a panel vibrates the damping material reduces the amplitude of 
vibration and the sound radiation, generally by transferring the vibration energy into heat. 
Damping loss factor η is the measure by which the amount of damping is determined. The loss 
factor is the ratio of the dissipated energy of the system to the entire energy of the system. 
 
Figure 9: Schematic representation of a vibrating panel with damping sheet 
 
 A variety of commercial damping technologies is available in the form of asphaltic melt 
sheets, viscoelastic polymers, foil constrained layers, liquid applied sprayable dampers (LASD), 
expandable patch constrained layers (PCL), laminated steel sheets, etc. Usually, the damping 
material used in automotive applications is bitumen based. This material has been in use as 
damping treatment in the form of asphaltic sheets since the 1950’s and is still widely used today 
Damping material 
Base structure 
Extension 
Bending resulting from 
vibration 
 24 
 
 
due its lowest cost, compared to the other materials applied to reduce panel vibration levels. In 
typical vehicle applications, these materials are applied over the majority of the body panel 
surface, in a total weight which averages around 10 kg per vehicle (Weber et al., 2005). 
 These asphaltic sheets generally present some operational problems. For example, their 
high flow under temperatures above 60º C reduces damping capacity and restricts the use of these 
to horizontal and interior surfaces. In addition, viscoelastic sheets on the exterior of a car would 
be subjected to the adverse effects of light, water, heat, oil, dust, etc., that could cause damping 
treatments to age prematurely, resulting in decreased flexibility, loss of adhesion, cracking and 
reduced damping capacity (Kim and Singh, 2001). 
 
Insulation 
 
 The intensity of the noise that propagates from the sources to the occupants inside the 
vehicle is transmitted by the elements of the vehicle body with some attenuation. One of the key 
factors in determining the noise level perceived by the occupants is the acoustic transparency of 
the elements that delimit the inner volume from the outside.  
 When a sound wave impacts upon the surface of a panel, part of its energy is reflected, 
some portion is absorbed and the rest is transmitted through the panel, Figure 10.  
 
Figure 10:  Sound transmission mechanism through a panel (Fahy and Walker, 1998). 
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 The relative proportion of each part of the energy can be arranged in a balance between 
incident sound intensity
II , reflected sound intensity RI , transmitted sound intensity TI , and 
dissipated sound intensity
DI : 
DTRI IIII  .             (27) 
 The Sound Transmission Loss (STL) is the parameter that characterizes the sound 
transmitted through a medium, defined as follows: 







T
I
I
I
LogSTL 1010 .              (28) 
 Test methods for the transmission loss measurement use two adjacent rooms with an 
adjoining transmission path. The treatment under test is placed between the two rooms in the 
adjoining transmission path. One or more loudspeakers are installed in the emission chamber to 
generate a diffuse field that is transmitted with some attenuation to the reception chamber 
through the treatment or partition under test. Noise is generated and measurements are taken in 
both the source and receiver room to characterize the transmission loss. A standard test method 
avoids the direct measurement of the sound energy transmitted in the material by using a 
reverberation room. This technique utilizes sound intensity to experimentally determine the 
transmission loss. The method has been standardized by the American Society of Testing and 
Materials, ASTM E2249-02 (2008) and by the International Organization for Standardization, 
ISO 15186-1 (2000). 
 The sound intensity incident on the material
II , is calculated by Eq. (15) from the space 
averaged sound pressure in the source room, under the assumption that the sound field is diffuse (
diffp ). The sound intensity transmitted through the material TI , is then measured in the anechoic 
chamber, or receiver room, using a sound intensity probe. The intensity probe is positioned 
perpendicular to the test sample and can be scanned or moved point by point over the material 
surface to obtain the averaged transmitted sound intensity, Eq. (23). Finally, the transmission loss 
can be computed based on the transmission coefficient, which is the ratio of measured transmitted 
sound intensity to measured incident sound intensity, Eq. (28). 
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Panel Transmission Behavior 
 
 A typical sound transmission behavior is illustrated in Figure 11, in which various 
characteristic frequency ranges are indicated.   
 
Figure 11:  Typical sound transmission behavior (Fahy and Walker, 1998). 
 
 At low frequencies the transmission loss is controlled by the stiffness of the panel. At the 
frequency of the first panel resonance, the transmission of sound is high and consequently, the 
transmission loss passes through a minimum determined in part by the damping in the system. 
Subsequently, at frequencies above the first panel resonance, a generally broad frequency range is 
encountered, in which transmission loss is controlled by the surface density of the panel. This 
frequency range is referred to as the mass law range, due to the approximately linear dependence 
on the mass of the panel. In this region the transmission loss increases with frequency at the rate 
of 6 dB per octave. Ultimately, at still higher frequencies, in the region of the critical frequency 
fc, coincidence is encountered. The coincidence phenomenon is observed at a frequency band 
where the sound wave matches with structural wave, thus causing sound transparency in the 
panel. Finally, at very high frequencies, the transmission loss again rises, being damping 
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controlled, and gradually approaches an extension of the original mass law portion of the curve. 
The rise in this region is of the order of 10 dB per octave.  
 At high frequencies, the sound transmission is strongly affected by noise leakages. In this 
case the noise is transmitted mostly through poorly insulated paths or gaps such as parts with less 
efficient acoustic treatments or direct connections between the enclosures. These gaps are 
difficult to avoid in a car body since they are needed for the connections such as the brake pedals, 
the steering column to the rack and wheels, the dashboard to the part of the air conditioning 
system located in the engine compartment, electric and hydraulic connections etc. 
 
Absorption 
 
 Sound absorbers are used to dissipate sound energy and to minimize its reflection. The 
absorption coefficient  is a common quantity used for measuring the sound absorption of a 
material and is known to be the function of the frequency of the incident wave. It is defined as the 
ratio of energy absorbed (
DI ) by a material to the energy incident ( II ) upon its surface.  







I
D
I
I
1 .                  (29) 
 From the above equation, it can be observed that the absorption coefficient of materials 
varies from 0 to 1. There are several standard methods to measure sound absorption coefficient. 
In one of the common approaches, the measure of sound energy absorbed by a material is 
performed with test specimen placed in a reverberation room. The absorption of the test specimen 
is calculated by taking the difference between two Reverberation Time (T60) measurements: the 
T60 of room with test specimen and the T60 of empty room. Additional details can be found in the 
standard ISO 354 (2003). 
 In absorber materials, most of the energy of the incoming sound wave is dissipated by 
viscous actions in the air trapped inside the material porous. The acoustic wave induces high 
frequency vibrations in the air particles that oscillate in the small gaps and channels of the porous 
mean. The viscous forces at the boundary layer between air and solid parts dissipate the wave 
energy. Additionally, the compression and expansion in the irregular channels scatters the 
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incoming wave in all directions reducing its momentum. Good sound absorbers must then be 
characterized by an open cell structure, to allow the motion of the air with all dissipative 
mechanisms associated to it. Materials with sound absorbing properties can be classified in two 
broad categories: poroelastics and fibrous means. Typical absorber materials employed in 
automotive applications are: mineral fibers (rock wool, fiber wool), polyester or polypropylene 
fibers (Politex, Thinsulate), cotton (shoddy) and open cells melamine or polyurethane (PU) 
foams. 
 
2.4.2 Active Control Methods 
 
 As described in the previous section, the passive noise control is a simple approach which 
includes the use of absorbers, barriers, mufflers, dampers, etc., to reduce the interior noise in an 
enclosure. Unfortunately, passive noise control frequently provides limited success to the overall 
vehicle design, as it requires dense sound barriers and heavyweight damping materials which lead 
to significant increase in the mass of the system. Alternatively, two main active control methods, 
named active noise control and active vibration control, have been used to reduce low frequency 
sound transmission in automotive systems.  
 Active noise control consists of adding secondary acoustic sources, most commonly in the 
form of loudspeakers inside the cavity structure. These secondary sources are used to minimize 
the sound pressure levels by reducing signals from error microphones, usually located close to 
passenger head height.  
 Active vibration control systems are closed loop feedback systems consisted of sensors, 
controllers and actuators, Figure 12. The sensor is generally a piezoelectric accelerometer that 
senses the original disturbance. The acceleration signal is then processed by the controller, which 
generates a canceling signal that is fed to a power amplifier. The amplifier converts the 
controller's low-voltage signal to an actuator. The actuators in most cases are electromagnetic 
transducers or piezoelectric ceramic patches applied directly to the vibrating structures.  The 
force generated by the actuator cancels the primary disturbance, thus attenuating it by destructive 
interference (Zhu and Hubing, 2012).  
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Figure 12: Schematic representation of active vibration control (available online at 
http://www.cvel.clemson.edu/auto/systems/active_vibration_control.html). 
  
 The vast majority of research on active vibration control of structures employs composite 
materials with embedded or bonded piezoelectric transducers because of their excellent 
electromechanical coupling characteristics (Heywang et al., 2008). Considering its large usage as 
sensors/actuators and due its importance to the scope of this work, an introduction to 
piezoelectric materials is given the next chapter.  
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3 PIEZOELECTRICITY REVIEW 
 
 
 Most piezoelectric patches are poled across the thickness with electrodes through the top 
and bottom planes. In a direct effect, as the material is strained in directions 1 and 2 (Figure 13), 
an electric field is generated across the electrodes. Conversely, when a voltage difference is 
applied in direction 3, a strain is produced in the other two directions (Granier et al., 2001). The 
combination of the direct and converse effects results in an electromechanical coupling. 
 
 
Figure 13: Piezoelectric patch with applied voltage. 
 
 When either electric or stress field are low enough (as required in most structural 
applications), the relation between the applied fields and the deformation produced by these 
fields (either displacement or elastic strain) is approximately linear. In this case, the dielectric, 
piezoelectric and elastic behavior of a piezoceramic can first be described by its constitutive 
equations (Clark et al., 1998): 
       EeSc E  ,           (30) 
        ESeD ST  ,                             (31) 
 
Strain  
Source 
PZT  
1  
2  
3  
 31 
 
 
where the superscript ( )
S
 means values measured at constant strain, ( )
E
 means values measured 
constant electric field and the superscript ( )
T
 represents transposed matrix. { } is the stress 
tensor, {D} is vector of electrical displacements, {S} is the strain tensor, {E} is the electric field 
vector, [ Ec ] is the elasticity matrix, [ e ] is the piezoelectric stress matrix, and [
S ] is the 
dielectric matrix.  
 A piezoceramic such as PZT is isotropic invariant to any rotation about the poled axis. By 
applying such invariant properties and symmetry transformations, many of the elastic constants 
become zero and the elastic matrix becomes (Emery, 1997) 
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and the piezoelectric stress and dielectric matrices can be written as 
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 Each element of the matrix of piezoelectric material constants [e], is designed by eij, where 
i corresponds to the row and j corresponds to the column of the matrix, then eij corresponds to the 
stress developed in the j-th direction due to an electric field applied in the i-th direction. In the 
permittivity matrix [ S ], electrical displacement is related to electrical field by the material 
dielectric constants. 
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Electromechanical Finite Element Model 
 
 The electromechanical behavior of piezoelectric materials coupled to a host structure can be 
modeled by FE. The equations of motion, typically adopted by commercial FE softwares, can be 
derived from the generalized form of Hamilton’s Principle for a coupled electromechanical 
system (Allik and Hughes, 1970), 
0])([
2
1
 dtWWWPT
t
t
mewk  ,            (32) 
where t1 and t2 are the end points in the time domain, kT  is the kinetic energy, wP  is the potential 
energy, eW  is the work done by electrical energy and mW  is the work done by magnetic energy. 
These quantities are 
dVuudVuuT
........
TT
Vp
p
Vs
sk    2
1
2
1
,            (33) 
dVSdVSP
Vp
T
Vs
T
w    2
1
2
1
,                 (34) 

Vp
T
e DdVEW
2
1
.                 (35) 
 In the above expressions,   means volumetric density and the subscripts ( )s and ( )p refer 
to structure and piezoelectric material, respectively. The virtual work W , done by external 
forces and by the prescribed surface charge Q, is 
 
Sp
T
c
T
Ss
s
T
Vs
b
T QdSFudSFudVFuW  ,            (36) 
where Fb is the force of body, Fs is the force of surface and Fc is the concentrated load. The 
magnetic energy is negligible for piezoceramics (Lopes et al., 2003), thus mW  is not considered. 
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 To formulate the electroelastic matrix using finite elements, the displacement vector, {u }, 
the electric potential  , and the electrical charge Q, are determined at the nodes of the 
elements. The values of these mechanical and electrical quantities, at an arbitrary position on the 
element, are given by a linear combination of a polynomial interpolation function N(x, y, z) and 
the nodal point values of these quantities as a coefficient. For an element with n nodes and nodal 
coordinates xi, yi and zi, (with i = 1, 2,…, n), the continuous displacement function u(x, y, z) and 
the electrical potential function  (x, y, z) can be evaluated from its discrete nodal point vectors as 
follows (Avdiaj et al. 2009) 
   i
T
u uNz,y,xu )( ,                     (37) 
   i
T
Nz,y,x  )( ,                     (38) 
where   iiii z,y,xu   is the vector of the nodal point displacement,    z,y,xNu   is the 
interpolation function for displacement and    z,y,xN   is the interpolation function for 
electrical potential. The strain  S  can be related to the nodal displacement through the 
interpolation function derivative,  uB . Likewise, a gradient operator can link the electrical field 
 E  with the electrical potential. These relationships are 
    iu uBS  ,                        (39) 
    iBE  ,                         (40) 
and 
    )( z,y,xNLB uuu  ,                     (41) 
   )z,y,x(NB   ,                                    (42) 
where [Lu] is the differential operator for the particular elasticity problem and   is the gradient 
operator. At this point the substitution of the generalized stress, strain and energy equations into 
the variational equation (32), can lead to the coupled electromechanical system expression. 
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Allowing arbitrary variations of { iu } and { i }, two equilibrium matrix equations, in 
generalized coordinates, are obtained as (Lopes et al., 2003) 
               eiieuiepesiepes FKuKKuMM
..







  ,     (43) 
       eiieieu QKuK   .                               (44) 
 In the above equations,  eF  and  eQ  denote the mechanical and the electrical load vectors 
respectively. The mass and stiffness matrices for the structural and the piezoelectric elements are 
defined as 
     
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u
e
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     
PV
up
T
u
e
p dVNNM  ,                              (46) 
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p dVBcBK ,                              (48) 
where  G  is the matrix of elasticity constants for the structural elements. The piezoelectric 
capacitance matrix  K  and the electromechanical coupling matrix  uK  are 
      
PV
STe dVBBK   ,                              (49) 
      
PV
T
u
e
u dVBeBK  ,                     (50) 
with    Teueu KK   . The load vectors are given by 
        cTu
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s
T
u
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b
T
u
e
i FNdSFNdVFNF   ,              (51) 
 35 
 
 
   
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i QdSNQ  .                        (52) 
 Using the standard assembly technique of finite elements, the complete equation for a 
coupled electromechanical system can be arranged as follows 
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with  
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where ne is the number of structural elements and np is the number of piezoelectric elements in 
the structure. The summation symbol, in the above equations, implies the finite element 
assembling. The damping can be assumed proportional to the mechanical stiffness matrix 
multiplied by a constant.  
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4 PIEZOELECTRIC RESONATOR 
 
 
 In passive energy dissipation applications, the electrodes of the piezoelectric are shunted 
with some electrical impedance, Figure 14. The electrical impedance is designed to dissipate the 
electrical energy, which has been converted from mechanical energy by the piezoceramic, 
Hagood and von Flotow (1991). 
 
 
Figure 14: Vibrating structure with PZT patch and dissipative resistor element. 
 
 When a PZT is attached to a resistive circuit, the frequency dependence of the piezoceramic 
behaves similar to viscoelastic damping. In an alternative configuration, the PZT shunted with an 
inductor L and a resistor R has an electrical resonance, tunable similar to a vibration absorber; 
hence the term piezoelectric resonator is used, Figure 15. 
 In a piezoelectric resonator, piezoceramic patches are usually attached to the top and 
bottom surfaces of a base structure and wired to produce opposite fields in the piezoceramic pair, 
thus causing the top piezoceramic to contract as the bottom expands (Figure 14), producing a 
moment in the structure (see Appendix B). Likewise, a voltage appears across the PZT pair if the 
structure is bent.  
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Figure 15: Vibrating structure with PZT pair and series R-L circuit. 
  
 The electrical impedance, Z, offered by a series R-L-C circuit is given by
  












C
LjRZ

 1 , where j denotes the imaginary term 1  and ω is the frequency 
in which the alternating current circuit operates. The resonance of a series R-L-C circuit occurs 
when the electrical potential and current at the input terminals are in phase. This corresponds to 
purely real impedance, so that the necessary condition implies in:   01 






C
L

 . 
Keeping L and C constant, the resonant frequency is determined by LC/1 . Based on this 
principle, the resistor and inductor values of a resonant shunt circuit can be calculated using the 
analytical procedures developed by Hagood and von Flotow (1991):  
 I) Calculation of the generalized electromechanical coupling coefficient K31, based on the 
natural frequencies (in rad/s) of the system when the PZT is open, o , and short circuited, s : 
2
s
2
s2
o31K


  .                      (57) 
 II) Measurement of the electromechanical coupling coefficient k31 and the pre-bonded PZT 
capacitance TC , to derive the PZT capacitance at constant strain, 
L 
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  T2311 C  kCS  .                              (58) 
 III) Determination of the optimal circuit damping, 
               )K1(
)2K(
2
31
31

optr .                                         (59) 
 IV) Combination of equations (58) and (59) to calculate the series resistance, 
o
S
opt
opt
C
r
R  .                               (60) 
 V) Calculation of the series inductance by setting the resonant frequency equal to the short-
circuit frequency, 
2
s
1
S
opt
C
L  .                                             (61) 
 To allow precise tuning of the circuit values and due to the large inductance frequently 
required, an operational amplifier with a ±12 V power supply can be used to create a synthetic 
inductor, Figure 16. 
 
 
Figure 16: Shunt circuit diagram. 
 
 The synthetic inductance value is determined by  
Ropt 
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R4 
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1
2
431 C
R
RRR
Lopt   ,                                     (62) 
where R1, R2 and R3 are resistors and C1 is a capacitor. The desired inductance and damping 
values can be adjusted through the variable resistors R4 and Ropt, respectively. 
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5 ENHANCEMENT OF LOW FREQUENCY SOUND INSULATION 
USING PIEZOELECTRIC RESONATORS 
 
 
 In this chapter piezoelectric resonators are designed to attenuate vibration and enhance low 
frequency insulation of a flat panel. The choice of design parameters, such as the correct 
placement for piezoceramic patches and the electrical circuit elements, is assisted by FE 
simulation and theoretical modeling. STL measurements and modal analysis are conducted to 
demonstrate the structural vibration control and its resulting sound insulation performance.  
 
5.1 Flat Panel Sound Transmission  
 
 A steel plate with 500 mm of length, 500 mm of width and 1 mm of thickness was 
employed as test specimen for STL assessment in the present application. The material properties 
of the selected steel are: tensile modulus = 195 GPa, Poisson’s ratio = 0.3 and density = 7652 
kg/m
3
. The edges of the plate were screwed in an aluminum frame, which was clamped in a 
baffle as illustrated in Figure 17.  
 
   
Figure 17: Steel plate installed in the baffle (left). Baffle in section detail (right). 
  
Baffle 
Steel plate 
MDF Rubber MDF Shoddy Shoddy 
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The baffle was consisted by a combination of Medium Density Fiberboards (MDF) filed 
with textile fibers and covered by dense rubber layers in order to exceed the sound transmission 
loss of the test area by at least 10 dB above 1 kHz, as per ISO 15186-1 (2000). The complete 
assembly was placed in the test window of a sound transmission suite consisted of two adjacent 
rooms, one reverberant and one anechoic, Figure 18.  
 
 
 
Figure 18: View from reverberant (top) and anechoic (bottom) rooms.  
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 The test window was consisted of an aperture with dimensions 2.38 m x 2 m (width x 
length), located in the adjacent walls of both rooms to enable sound transmission loss 
measurements between the rooms. Constructive details of the rooms, located at the test facilities 
of General Motors Cruz Alta Proving Grounds (CAPG), can be briefly described as follows: 
 The inside dimensions of the reverberant room are 5.0 m x 6.7 m x 4.7 m (length x 
width x height) with a resulting volume of 157 m
3
. Six high frequency diffusers are 
installed in ceiling. All diffusers are made of polycarbonate panels with a thickness of 
7 mm. At low frequency, reflections are corrected by three Compound Panel 
Absorbers (CPAs) consisted by 100 mm of synthetic fibers in a steel frame having 
dimensions of 1.50 m x 1.25 m (width x length). The arrangement of the diffusers and 
CPAs is such that the homogeneity of the sound field is under the standard deviation of 
the sound pressure levels with respect to ISO 354 (2003).   
 The anechoic room is situated next to the reverberant room. The inside dimensions of 
the anechoic room are 6.0 m x 4.3 m x 4.0 m (length x width x height). All room 
surfaces (walls, ceilings and floor) are covered with broad band compact absorbers 
with a depth of 350 mm. To enable walking inside the anechoic room a grid is installed 
at height of the outside floor level. The room is validated by quality measurements, 
performed according to ISO 3745 (2003), to secure that the part of the room in which 
measurements are taken is not influenced by reflections from the inner surfaces of the 
room. 
 Following ISO 15186-1 (2000), the transmitted sound intensity was acquired from scanning 
patterns performed over the steel plate with a two-microphone Brüel & Kjær’s (B&K) probe kit 
type 2683. The incident sound intensity was obtained from the space averaged sound pressure 
measured by six ½-inch diffuse-field microphones B&K type 4942, randomly positioned in the 
reverberant room. The room was excited using two omnidirectional loudspeakers Soundsphere 
Model Q-15. The input signal was white noise generated by an 18-channel B&K Pulse analyzer 
type 3560C, amplified by a Crown Macro-Tech 2402 power amplifier. The resulting STL was 
processed in the Pulse analyzer by taking the difference between the sound intensity measured in 
both sides of the sample. The resulting STL curve is displayed in Figure 19. 
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Figure 19: Steel plate STL. 
 
 The observed drops in STL at 125 Hz and 315 Hz are related to the resonance-controlled 
frequency range. For a better understanding of such structural behavior, an experimental modal 
analysis was conducted with the plate installed in the test window. In the modal testing, roving 
hammer impact technique was chosen to reduce the transducers mass loading effects. A total of 
121 points were excited in a grid using a PCB impact hammer model 086C03. A PCB 35C22 
accelerometer was fixed in a point of the grid near to a corner of the plate. Based on the measured 
inputs and responses, Frequency Response Functions (FRFs) were then processed using a 24-
channel LMS Scadas III analyzer with Test. Lab. Modal Analysis interface. 
 The LMS Test. Lab. Modal Analysis module allows all the gathered accelerances to be 
synthesized in a sum of FRFs, which is basically the sum of all of the FRFs measured (or a subset 
of all the FRFs). This sum reaches a peak in the region of a mode of the system. Ideally, if all the 
FRFs are considered, then all of the modes will be seen in the majority of the measurements. As 
more and more FRFs are included, there is a greater chance that all of the modes will be seen in 
the collection of FRFs summed together. This is obviously better than one particular 
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measurement where all the modes may not be present (Avitabile, 2007). In Figure 20, a sum of 
all the 121 measured FRFs is presented.  
  
Figure 20: Steel plate FRF. 
 
 
 The presence of several resonances can make the identification of the most relevant modes 
a quite difficult task. In this case it is useful to display the sound intensity (acquired during STL 
test) and the structural response on the same plot for comparison (Jeric, 1999). In Figure 21, the 
accelerance peaks overlaid with the highest sound intensity levels (at 132 Hz, 139 Hz, 297 Hz 
and 309 Hz), can be associated to vibration modes of higher radiation efficiency in the considered 
frequency range.  
 In sequence, the sound intensity distribution was investigated using a Brüel & Kjær’s Near-
field Acoustic Holography (NAH) system 8607 type. The NAH technique is beneficial since the 
sound field can be visualized directly over the radiating surface, Hald (2009) and Williams 
(1999). The employed B&K system allows conformal maps of pressure, velocity, sound intensity 
and sound quality metrics at low to medium frequencies (50 Hz to 5 kHz), using a double-layer 
hand-held microphone array 3662-B-001 type (5 × 5 microphones with 30 mm spacing), Figure 
23.  
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Figure 21: Steel plate FRF and sound intensity. 
  
 
Figure 22: Microphone array used for sound mapping. 
 
 The measurements were performed in near-field, around 50 mm away from radiating 
surface, with the double-layer microphone array. The geometry of the source (the radiating plate) 
under test was obtained from an imported drawing. More than 20 measurement patches were used 
to secure appropriated sound field reconstruction. All calculation was done and post-processed by 
a B&K 3660-D analyzer with 11 × 12-channel 3053 modules. In Figure 23, the sound intensity 
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distribution (resulting from acoustic excitation) is compared to the structural modes (identified by 
roving hammer impact technique). 
   
  
       (1,3) Mode, 132 Hz              132 Hz 
  
        (3,1) Mode, 140 Hz             139 Hz 
  
        (1,5) Mode, 298 Hz            297 Hz 
  
        (5,1) Mode, 310 Hz            309 Hz 
Figure 23: Structural modes (left) and sound intensity distribution (right). 
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 By the acoustic theory, if a resonance has an odd mode shape, there is no cancellation of 
acoustic pressures at the near-field and noise is radiated more efficiently (Jeric, 1999). Thus, the 
odd modes identified at 132 Hz, 140 Hz, 298 Hz, and 310 Hz are probably efficient noise 
radiators. In addition, the high spatial correlation between transmitted sound field pattern and 
vibration modes, with good agreement in frequency (0.3% average difference), is an indication 
that if vibration is reduced, than radiated noise can be reduced as well. 
 
5.2 Simulation 
 
 In this section, FE simulation is used to support the choice of the PZT location for 
maximized actuation. The commercial FE package used, Ansys Multiphysics version 13, offers 
not only piezoelectric coupled-field capabilities but also explicit element types for simulation of 
the R–L circuits (ANSYS, 1999). Resistor and inductor elements were modeled as one electric 
element each connecting in series the top surfaces of solid elements with piezoelectric properties. 
The piezoelectric material 5H type, later employed in the experimental section, was modeled 
using solid elements with electrical and structural degrees of freedom (DOF). Shell elements 
were used for the steel plate with zero displacement assigned to the DOFs at edges. In order to 
approximate the non-uniformities at boundary condition of the test window, 80% of constrained 
rotation not symmetrically distributed was assumed along the edges.  
The Ansys code used for modeling the piezoelectric material and the electromechanical 
coupling can be found in Appendix A. It also includes the algorithm for shunt circuits tuning, 
with detailed account of analysis and post-processing. 
The adhesive layer between the PZT and the host structure was considered Epoxy, modeled 
using structural solid elements with 0.15 mm of thickness, tensile modulus = 15.1 GPa, Poisson’s 
ratio = 0.4 and mass density of 1000 kg/m
3
. The design criteria adopted to select the thickness of 
the adhesive layer is detailed in Sungwon and Chang (2010). Dimensions and properties of the 
selected piezoceramic are listed in Table 1. The dielectric property, TC  = 0.205 mF, and the 
electromechanical coupling factor, k31 = 0.41, were estimated using a precision impedance 
analyzer 4294 Agilent Inc., as per IEE 176-1987 (1988) and IEEE 177-1966 (1993). 
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Table 1: PZT-5H dimensions and properties 
Parameter Value 
Thickness  0.267 mm 
Length  33.0 mm 
Width  33.0 mm 
Density  7800 kg/m
3
 
Capacitance TC  0.205 mF 
Coupling coefficient k31 0.41 
  
Additional material properties ([ Ec ], [ e ] and  S ) required to model the piezoelectric effect 
were informed by supplier as listed below. 
 
 
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
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
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C
2
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






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015.030
0015.03
m
F
10
9S
 
  
The FE-mesh, including the host structure with the collocated PZT pairs and the series R–L 
shunt circuit, takes the form shown in Figure 24. 
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Figure 24: FE model (left). Zoom at PZT pair A (right). 
 
 When a structure is bent, the strain is concentrated at the points of maximum curvature. 
Likewise, the highest voltage appears across a PZT pair (wired to produce moment) when the 
maximum curvature is achieved (See Appendix B). Therefore, to maximize the energy 
dissipation in a desired mode, the bending actuator must be placed near to a location 
corresponding to an anti-node of the mode, where the highest strain takes place (Barboni et al, 
2000). Figure 25 shows simulated contour plots of strain distribution for each target mode and the 
selected PZT locations, denoted by PZT pair A, B and C. The (1,3) and (3,1) modes are both odd 
modes with resonance peaks close in frequency. In this case one shunt, connected to PZT pair A, 
could be tuned to a frequency between the two resonance peaks. To verify the effectiveness of 
this choice, the piezoelectric effect and its electrical driving circuit were taken into account in the 
FE analysis. 
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Strain at (1,3) mode Strain at (3,1) mode 
 
 
Strain at (1,5) mode Strain at (5,1) mode 
 
Figure 25: Simulated total strain distribution. 
  
A numerical modal analysis was performed with top and bottom nodes of the PZT elements 
connected to zero voltage to determine the resonance frequency of the system when the PZT pair 
was short-circuited
sf . Same procedure was repeated with free electrodes to determine the 
resonance when the circuit was opened
of . The average frequency of the two resonances was 
calculated for each case. The obtained values were: 
of   = 128.1 Hz and sf  = 128.8 Hz. The 
required inductor and resistor were then calculated to be 6.96 H and 816 , respectively. In 
Figure 26 simulated accelerance with incorporated piezoceramics shows a shift of approximately 
10 Hz in frequency when compared to the steel plate response without piezoceramics. It is also 
observed that the two target peaks were successfully attenuated by the shunted PZT pair A.  
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Figure 26: Simulated FRFs.  
 
  
5.3 Incorporation of piezoelectric patches 
 
 The steel plate with three PZT pairs was prototyped and tested. Each pair was consisted of 
two piezoceramic patches 5H type with nickel electrodes. Dimensions and properties of the 
selected piezoceramic are listed in Table 1.  
 In order to avoid problems with wetting the solder on the nickel surface, a stripe of copper 
foil with conductive adhesive (3M 1181) was applied on top and bottom electrode surfaces before 
soldering. Figure 27 shows the final assembling with PZT pairs A, B and C. The 3M structural 
epoxy adhesive 3333 type was used to attach the piezoceramics into the target structure. The 
adhesive cure was done at ambient temperature, with the piezoceramics submitted to constant and 
uniformly distributed load, to secure adhesion.  
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Figure 27: Location of PZT pairs, in mm (left). Steel plate with PZTs (right). 
 In Figure 28, an experimental FRF with PZT electrodes in open circuit is compared to FE 
result.  
  
Figure 28: Open circuit FRF - measured versus predicted. 
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 Differences between simulation and measured data are attributed mainly to the 
simplification of the boundary conditions at the edges of the plate. As described in section 5.1, 
the test plate was assembled in a baffle consisted of a multilayered construction involving 
different materials (MDF, shoddy, rubber, steel, etc.) and connections (screws, sealants, 
mountings, etc.). The FE representation of such complex system would demand significant 
modeling effort and computational time. For this reason, zero displacement was assigned to the 
DOFs at edges of the model with 80% of constrained rotation not symmetrically distributed along 
the edges, to approximate the non-uniformities at boundary condition in the test window. In 
Figure 29, however, the experimental mode shape shows relative displacement at the edges of the 
plate as compared to an undeformed plane. It means that the FE model does not include the 
behavior of the complete assembly (plate, aluminum frame and baffle) as a flexible structure. 
 
 
Figure 29: Experimental mode shape (1,3).  
  
 Despite the unrefined description at boundaries, the FE model was accurate enough to drive 
design choices for correct placement of piezoelectric and viscoelastic patches.  
 
5.4 Shunt Circuits Tuning 
 
 Figure 30 shows that the incorporation of piezoceramics in the steel plate resulted in two 
significant changes in the system response: 1) a shift of approximately 10 Hz in frequency; and 2) 
duplication of mode (1,5) into two peaks at 282 Hz and 288 Hz. 
Undeformed 
plane 
Displacement 
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Figure 30: Steel plate FRF versus plate with PZTs. 
 
 
 Considering PZT pair A assigned to address simultaneously modes (1,3) and (3,1), the short 
circuited resonance frequency, 
sf , was determined by the system response acquired with top and 
bottom electrodes of the PZT pair in short circuit. The open circuit resonance,
of , was determined 
with free electrodes, Figure 31. The average of the frequencies (Figure 31) for each case was 
calculated to be: 
of   = 125.2 Hz and sf  = 126.2 Hz. 
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Figure 31: Short and open circuit FRFs. 
  
Figure 32: Short and open circuit frequencies at modes (1,3) and (3,1). 
  
 Using equations (57) to (61), the required inductor and resistor values were calculated to be 
7.3 H and 556 , respectively. The procedure was repeated for PZT pair B and the duplicated 
peaks at 282 Hz and 288 Hz; and for PZT pair C, assigned to the resonance peak at 300 Hz. The 
resulting inductance and resistance values associated to each shunt circuit are shown in Table 2. 
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Table 2: R-L Circuit values. 
PZT 
pair 
Peaks 
(Hz) 
of  
(Hz) 
sf  
(Hz) 
optL  
(H) 
optR  
(Ω) 
A 
121.5 
128.8 
125.2* 126.2*  7.3 556 
B 
282.0 
288.0 
285.3* 286.5* 1.4 163 
C 300.0 300.0 301.5 1.3 151 
* Average frequency of two resonance peaks. 
  
 Each PZT pair was wired as described in Figure 33. The structure was grounded and the 
positive terminals of the circuit were attached to the PZT exterior electrode surfaces. 
 
 
Figure 33: PZT pair and shunt circuit wiring. 
 
 Following the electronic layout defined in Figure 16, three shunts were built in a circuit 
board, as pictured in Figure 34. 
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Figure 34: R-L circuits for each PZT pair. 
   
5.5 Results 
 
 In this section, the piezoelectric damping and its resulting sound insulation performance is 
compared to conventional viscoelastic sheets. Due its massive application in commercial 
vehicles, bitumen based material was employed as the basis for comparison, Figure 35. 
Dimensions and properties of the selected viscoelastic material are listed in Table 3. 
   
Table 3: Viscoelastic patches dimensions and properties 
Parameter Value 
Thickness  2.0 mm 
Length  66.0 mm 
Width  33.0 mm 
Density  2500 kg/m
3
 
Loss factor   0.17 @ 200 Hz, 20ºC 
 
 As in production, the viscoelastic material was thermally bonded to one surface side of the 
plate. The area covered by three viscoelastic sheets was selected to be equivalent to the area of 
three PZT patches attached in both sides of the plate. The comparison based on equivalent area 
was intended to emphasize mass differences. For example, at the same coverage, 3 viscoelastic 
patches weighing 10.8 g each, have approximately 78% more mass than 3 PZT pairs weighing 
2.4 g each. 
To DC 
supply 
To PZT 
pair A 
To PZT 
pair B 
To PZT 
pair C 
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Figure 35: Viscoelastic patch (left). PZT patch (right) 
  
 The energy dissipation of a viscoelastic layer is proportional to its shear strain. Therefore, 
damping is maximized when the viscoelastic material is placed in a region of high shear (xy) 
strain (Kim and Singh, 2001). See Appendix B. Based on this assumption, Figure 36 shows the 
simulated shear strain distribution and the selected location for each viscoelastic patch. 
 
 
Shear strain at (1,3) mode  Shear strain at (3,1) mode 
 
Shear strain at (1,5) mode  Shear strain at (5,1) mode 
 
Figure 36: Simulated shear (xy) strain distribution. 
  
Viscoelastic 
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 In Figure 37, the response with shunts in operation (circuits on) is compared to the system 
with and without viscoelastic patches. It is verified that the target vibration peaks (at 121.5 Hz, 
128.8 Hz, 282.0 Hz, 288.0 Hz and 300 Hz) were successfully attenuated by piezoelectric 
resonators, while the viscoelastics performed in broadband, dissipating energy in several modes 
of vibration. Particularly, below 150 Hz, where the performance of conventional damping 
treatments is known to be limited, higher attenuation was achieved using piezoelectric resonators, 
than using viscoelastic sheets. 
 
Figure 37: FRFs with shunt circuits turned on and off, compared to the system response 
with viscoelastic patches.  
 
 It is worth mentioning two difficulties found during the process of shunt circuits tuning. 
The first was a difficulty in determining 
o  and s values. In this case, the additional stiffness of 
the PZT was not enough to consistently shift the fundamental frequency of the entire mechanical 
system. The second difficulty consisted in verify that the PZT capacitance and the electronic 
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components internal resistances could be larger than the required resistance. For this reason, in 
the first iteration of testing the shunts were operated without the resistor Ropt (Jeric, 1999). 
 Despite the difficulties in determining 
o  and s , the symmetry of the shunted response 
within the target peaks indicates that the shunts were correctly tuned. In addition, the obtained 
response, without the occurrence of under or over damping, indicates the addition of Ropt has not 
increased damping above the desired level, Figure 38. 
 
Figure 38: FRFs with shunt circuits turned on and off, compared to the system response 
with viscoelastic patches. Zoom at modes (1,3) and (3,1). 
  
 As presented in Figure 39, both noise control techniques have provided up to 3.0 dB gain in 
STL at the target frequency bands of 125 Hz and 315 Hz. Above 160 Hz the STL is 1.0 dB higher 
in average when viscoelastic patches are employed. This is due to the ability of viscoelastic 
materials to perform in broadband. These patches dissipate energy from several modes of 
vibration and have additional mass if compared to piezoceramic patches. As an advantage, 
piezoelectric resonators have reduced vibration and increased insulation in the target frequencies 
weighing approximately 78% less than the viscoelastic sheets.  
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Figure 39: STL comparing original system with the response using piezoelectric resonators 
versus the response viscoelastic patches. 
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6 IMPROVED SOUND TRANSMISSION LOSS OF AN AUTOMOTIVE 
COMPONENT USING PIEZOELECTRIC RESONATORS 
 
  
 Frequently neglected, the ability of panel partitions to provide significant (or any) sound 
insulation at low frequencies is nevertheless important in a vehicle, mainly due to the types of 
low-frequency noise sources that have emerged on the engine compartment, e.g., electric motor 
modulation, driveline rattle or any vibration induced by low-frequency noise. In fact, low-
frequency noise is known to be more disturbing than indicated by the traditional dB(A)-curve 
(Fonseca et al., 1996). Annoyance reactions have been reported to be greater for low-frequency 
noise than other noises for equal sound-pressure level and speech intelligibility may be reduced 
more by low-frequency noise than other noises, except those in the frequency range of speech 
itself (Berglund et al., 1996). 
 In this chapter, the ability of piezoelectric resonators to enhance low frequency sound 
insulation is demonstrated in a vehicle component. The evaluated system consists of a dash panel 
installed between coupled reverberant and anechoic rooms for STL assessment. FE simulation 
and theoretical analysis are used to support the choice of the electrical components values and the 
correct placement for piezoelectric patches in the dash panel. The resulting sound transmission 
control is compared to baseline measurements with conventional viscoelastic material thermally 
bonded to the panel surface. 
  
6.1 Dash Panel Sound Transmission  
 
 The dash panel was installed in a multilayered baffle construction as described in the 
previous section. Views of the dash panel in the test window are pictured in Figure 41 and 41. 
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Figure 40: Dash panel being installed in the test window - reverberant side. 
 
 
Figure 41: Dash panel, dash insulator and pass-throughs - anechoic side.  
   
 The system was initially evaluated with all dash panel interfaces installed, e.g., steering 
column grommet, air conditioning module, electrical wiring and hydraulic connections. A noise 
control treatment commonly used to reduce airborne noise, called dash insulator, was placed 
against the metal as in production. The dash insulator was consisted by a multilayered fibrous 
construction (blankets of molded shoddy) designed to enhance sound insulation and sound 
absorption. 
Spherical 
array 
Steering 
column 
AC system 
Electrical 
wiring 
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 Preliminary assessments of sound pressure distribution over the dash panel were conducted 
in order to identify the main areas of contribution to the noise transmission. By means of a Brüel 
& Kjær’s Spherical Harmonic Beamforming (SHB) system 8606 type, snapshots of the sound 
field distribution were taken in the far-field using a spherical array. The spherical array was 
composed by 50 microphones and 12 cameras flush mounted on a hard sphere. More details 
about the SHB technique can be found in Juhl, et al. (2005). The source room was excited using 
two omnidirectional loudspeakers Soundsphere Model Q-15. The input signal was white noise 
generated by a B&K Pulse analyzer type 3560C, amplified by a Crown Macro-Tech 2402 power 
amplifier. Figure 42 shows the resulting sound pressure map at 1.25 kHz, acquired with the 
microphone array placed about 1 m away from dash panel on the anechoic side. 
   
 
Figure 42: Sound pressure level distribution at 1.25 kHz. 
  
 It is verified a flanking noise path in the steering column pass-through area. The 
identification of this dominant noise path indicates that appropriate balance of sound insulation at 
high frequency is associated to correct sealing of dash panel pass-throughs. The steering column 
pass-through with appropriate treatment and improved design is demonstrated in Rocha et al. 
(2012).  
 For investigation at lower frequencies, the dash insulator and its interfacing components 
were removed. All openings of the test area were treated with patches of lead and sealant to avoid 
flanking noise paths, Figure 43. In Figure 44, the sound pressure distribution at 125 Hz indicates 
0.6 dB 
Noise leakage through 
the steering column 
grommet 
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dominant noise transmission path in the upper region of the dash. Similar sound field was 
observed at 100 Hz. Such high noise transmission below 125 Hz is associated to panel 
resonances, identifying the so-called “resonance controlled region”.  
 In the next set of measurements a B&K sound intensity probe type 2683 was employed to 
characterize the frequency range influenced by the dash insulator. Figure 45 shows the dash panel 
with dash insulator installed in the test window. The incident sound intensity was obtained from 
the space averaged sound pressure measured by six ½-inch diffuse-field microphones B&K type 
4942, randomly positioned in the reverberant room. The room was excited using two 
omnidirectional loudspeakers Soundsphere Q-15 model. The input signal was white noise 
generated by an 18-channel B&K 3560C Pulse analyzer, amplified by a Crown Macro-Tech 2402 
power amplifier. The resulting STL was processed in the pulse analyzer by taking the difference 
between the sound intensity measured in both sides of the sample (ISO 15186-1, 2000).  
 
     
Figure 43: Dash panel in the test window - reverberant side. 
   
Covered  
pass-throughs 
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Figure 44: Sound pressure level distribution at 125 Hz – anechoic side. 
  
 
Figure 45: Dash with insulator in the anechoic side of the test window.   
   
 In Figure 46 the bare steel STL is compared to the curve acquired with dash insulator in 
place. As expected, the dash insulator has not performed below 250 Hz and a decrease in STL is 
verified below 150 Hz. 
0.6 dB 
Dash insulator 
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Figure 46: STL with and without dash insulator (Y-axis scale is confidential data). 
 
6.2 Resonance Controlled Region 
 
 For a better understanding of the structural behavior, a commercial FE solver was used to 
compute the dash panel mode shapes. In the FE model, simply supported DOFs were assigned to 
the edges, as an approximation of boundary condition in the test window. Figure 47 shows modes 
4 and 5 computed from 100 Hz to 150 Hz. Analyzing the colour distribution, the panel mode 4 
appears globally, with influence in major portion of the system. At mode 5, a local behavior is 
verified and the structure is barely affected.  
 In sequence, an experimental modal analysis was conducted to expand the investigation on 
the identified modes. In the modal testing, a B&K shaker 4810 type was connected to a rigid 
point of the structure and excited by burst random signal, amplified by a B&K power amplifier 
2718 type. Three accelerometers covering 50 acquisition points were dispersed over the dash 
upper in a grid, Figure 48. Based on the measured inputs and responses, Frequency Response 
Functions (FRFs) were then processed using a 24-channel LMS Scadas III analyzer with Test. 
Lab. Modal Analysis interface. 
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FE mode 4 
  
FE mode 5 
 
Figure 47: Computed FE mode shapes. Mode 4 (top) and mode 5 (bottom). 
 
 
Figure 48: Acquisition points dispersed over the dash upper in a grid. 
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 Figure 47 shows the experimental modes at 115 Hz and 136 Hz with high spatial 
correlation to FE modes 4 and 5, respectively. 
 
Experimental mode at 115 Hz 
 
Experimental mode at 136 Hz 
 
Figure 49: Experimental mode shapes at dash upper portion. 
  
 By the acoustic theory, if a resonance has an odd mode shape, there is no cancellation of 
acoustic pressures at the near-field and noise is radiated more efficiently (Jeric, 1999). Therefore, 
the odd mode at 115 Hz, moving in one direction, is probably an efficient noise radiator. At 136 
Hz, however, the sound radiation from an even mode tends to be canceled due to the air pressure 
equalization between opposite panel displacements.  
 In Figure 50, a sum of all the 50 measured FRFs and the sound intensity (from scanning 
patterns performed during the STL test) are displayed on the same plot for comparison. In this 
chart, the resonance to be addressed is confirmed by the highest sound intensity level overlaid 
with the accelerance peak at 115 Hz. 
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Figure 50: Measured FRF and Sound Intensity. 
 
6.3 Conventional Damping  
 
 In this section, two viscoelastic sheets were thermally bonded to one surface side of the 
panel, as a basis for comparison (Figure 51). Dimensions and properties of the selected 
viscoelastic material are listed in Table 3.  
 
Table 4: Viscoelastic patches dimensions and properties 
Parameter Value 
Thickness  2.0 mm 
Length  47.0 mm 
Width  47.0 mm 
Density  2500 kg/m
3
 
Loss factor   0.17 @ 200 Hz, 20ºC 
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Figure 51: Dash upper with viscoelastic patches 
  
 Based on the assumption that the energy dissipation of a viscoelastic layer is proportional to 
its shear strain (Kim and Singh, 2001), the viscoelastic patches were placed in regions of 
inflection of the mode at 115 Hz, where the highest shear strain takes place. In Figure 52, the sum 
of FRFs with viscoelastic patches is compared to the original system response.  
 
Figure 52: FRF with and without viscoelastic patches 
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 It is verified that the vibration peaks from 150 Hz to 250 Hz were significantly attenuated 
by the effect of viscoelastic damping. Below 150 Hz, changes in the system response are 
attributed to the effect of the added mass, rather than damping effect. 
  
6.4 Damping Using Piezoelectric Resonators 
 
 In this section, two piezoceramic pairs were selected to attenuate the amplitude of vibration 
at 115 Hz. The selected PZT locations correspond to regions near to the wave-crest of the modes, 
identified in the previous chapter as the regions of highest electric potential generation. Epoxy 
adhesive was used to attach two PZT pairs 5H type in the target positions, Figure 53. A stripe of 
copper foil with conductive adhesive (3M
™
 1181) was applied on top and bottom electrode 
surfaces to avoid problems with wetting the solder. Dimensions and properties of the selected 
piezoceramic are listed in Table 1.  
 The area covered by two PZT patches, attached in both sides of the panel, was selected to 
be equivalent to the area of two viscoelastic sheets in one surface side. The comparison based on 
equivalent area was intended to emphasize mass differences. At the same coverage, the two 
viscoelastic patches, weighing 10.8 g each, have approximately 78% more mass than two PZT 
pairs, weighing 2.4 g each. 
 
 
Figure 53: Dash upper with PZTs 
PZT 
pair A PZT 
pair B 
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 Figure 54 shows changes in the system response acquired with and without PZT pairs in 
open circuit configuration. It is noticed that the incorporation of piezoceramics resulted in a 
frequency shift of approximately 6 Hz at the target peak, changed from 115.0 Hz to 109.3 Hz. 
 
Figure 54: FRF with and without PZTs (Open circuit) 
  
 In sequence, each PZT pair was wired as described in Figure 33. The structure was 
grounded and the positive terminals of the circuit were attached to the exterior electrode surfaces. 
Figure 55 shows the FRF acquired with the top and bottom electrodes of the PZT pair A in short 
circuit to determine the short circuited resonance frequency,
 sf
 = 109.0 Hz. The FRF measured 
with free electrodes was used to identify the resonance when the circuit was opened,
 of
  = 109.3 
Hz. Same procedure was repeated for PZT pair B. Using equations (57) to (61), the required 
inductance and resistance values were calculated to be optL = 9.61 H and optR = 686.0 Ohms. 
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Figure 55: FRF with open and short circuited PZTs. 
 
 Following the electronic layout defined in Figure 16, two shunts were built and adjusted to 
the desired resistor and inductance values. The resulting electrical network was designed to be 
connected to PZT pairs A and B (Figure 34).  
 In Figure 56, the sum of FRFs with shunts in operation (circuits on) is compared to the 
system response with and without viscoelastic patches. As discussed in the previous chapter, 
viscoelastic sheets perform in broadband, and energy dissipation is verified from 150 Hz to 250 
Hz. Below 125 Hz, higher attenuation was achieved using piezoelectric resonators than using 
viscoelastic sheets. In Figure 57, up to 3.0 dB gain in STL was obtained from 100 Hz to 125 Hz 
using piezoelectric resonators, weighing approximately 78% less than viscoelastic sheets. From 
160 Hz to 800 Hz, STL is 1.0 dB higher in average when viscoelastic patches are employed. 
 Based on the achieved results, the range of application for each one of the tested noise 
control strategies can be classified as follows: 1) mass, sound absorption and appropriate sealing 
in high frequencies (above 400 Hz); 2) the cost effective viscoelastic damping in mid frequencies 
(from 160 Hz to 800 Hz); and 3) the forced damping provided by piezoelectric resonators in 
lower frequencies, where the performance of conventional damping treatments is known to be 
limited.  
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Figure 56: FRFs - shunts in operation compared to the system with / without viscoelastics. 
 
Figure 57: STL - shunts in operation compared to the system with / without viscoelastics. 
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7 INTERIOR NOISE ATTENUATION IN A VEHICLE USING 
PIEZOELECTRIC RESONATORS 
 
 
 In this last application, the experience acquired throughout the course of the two previous 
experiments is employed to design piezoelectric resonators to attenuate the vibration induced by 
powertrain excitation in the back panel of a vehicle. The effect of structural vibration control is 
evaluated in operational conditions, through interior noise measurements, and compared to 
baseline assessments with conventional damping material.  
 
7.1 Vehicle Interior Noise 
 
 This section describes the influence of two viscoelastic patches on the vibroacoustic 
coupling between the back panel and the cabin cavity, when submitted to a four cylinder engine 
excitation. Dimensions and properties of each viscoelastic sheet are listed in Table 3. A view of 
viscoelastic material thermally bonded to the back panel surface is pictured in Figure 58.  
 
  
Figure 58: Back panel with two viscoelastic patches (left). Zoom at the patch (right). 
 
 
 
Viscoelastic 
patches 
Back panel 
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Table 5: Viscoelastic patches dimensions and properties 
Parameter Value 
Thickness  2.0 mm 
Length  400.0 mm 
Width  150.0 mm 
Density  2500 kg/m
3
 
Loss factor   0.17 @ 200 Hz, 20ºC 
 
 Without the viscoelastic material, the vehicle was found to exhibit an increase in SPL when 
the engine speed was swept through the operating range. The SPL was measured by a ½” free-
field B&K microphone 4189 type at the driver’s ear location (Figure 59), during third-gear Wide 
Open Throttle (WOT) acceleration in a four-wheel-drive chassis-roll dynamometer, inside a 
hemi-anechoic chamber (Figure 59). At that condition, powertrain is the primary acoustic source. 
This procedure was repeated three times to secure repeatability. The dynamometer load was 
adjusted to match the required for vehicle acceleration on a smooth surface highway. The sound 
pressure and the engine tachometer were simultaneously recorded by a 24-channel LMS Scadas 
III analyzer. 
 
 
Figure 59: Microphone at driver’s ear location (bottom) 
Microphone at 
driver’s ear 
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Figure 60: Chassis-roll dynamometer inside hemi-anechoic chamber. 
  
Figure 61: Interior overall noise level at WOT acceleration in third-gear. Y-axis scale is 
omitted to protect the confidentiality of the data. 
   
 One main sound quality criteria to be considered for powertrain noise assessment is the 
linearity of overall noise, which is the requirement for the overall noise level to grow linearly 
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with the engine speed, with no significant peaks and valleys. In Figure 61, the interior noise 
response without viscoelastic patches presents 4.5 dB peak in overall SPL at the 3000-3500 rpm 
speed range, followed by a level reduction in the next rpm range. The resulting deviation from 
what would be an ideal trend (broken black line) is noticeable and may tune the driver’s ears to a 
particular noise feature, called “boom”. From 3500 rpm to 4000 rpm, the smaller SPL excursion 
(lower than 4.0 dB) is not significant to affect the linearity of the overall noise sweep (Cerrato, 
2009). In Figure 62, the top plot refers to a baseline interior noise spectrogram at WOT 
acceleration in third-gear. The bottom one refers to the noise spectra without viscoelastic patches, 
where an increase in 2
nd
 order content is verified from 3000 rpm to 3500 rpm. The problematic 
area, around 100-160 Hz, is highlighted in the bottom spectrogram.  
 
  
  
 Figure 62: Interior noise spectrogram at WOT acceleration in third-gear. With 
viscoelastic patches (top). Without viscoelastic patches (bottom). 
 
60
100
160
240
400
600
1k
f/
H
z
n/rpm2500 3000 3500 4000 4500 5000
L/dB[SPL]40 50 60 70 80 90
60
100
160
240
400
600
1k
f/
H
z
n/rpm2500 3000 3500 4000 4500 5000
L/dB[SPL]40 50 60 70 80 90
10 dB 
10 dB 
 80 
 
 
 In Figure 62, an order analysis reveals the 2
nd
 order (firing order) as the major contributor 
to the SPL peak from 3000 rpm to 3500 rpm. 
  
Figure 63: Overall SPL and order analysis without viscoelastic patches. Y-axis scale is 
omitted to protect the confidentiality of the data. 
  
7.2 Evaluation at Subsystem Level 
 
 A detailed modal analysis was conducted in the back panel to identify the vibration modes 
with major contribution to the noise propagation around 100-160 Hz. In the modal testing, a MB 
Dynamics shaker 110 model was connected to a rigid point of the vehicle chassis and excited by 
burst random signal, amplified by a Crown Macro-Tech 2402 power amplifier. Three PCB 
352C22 accelerometers covering 70 acquisition points were dispersed over the back panel in a 
grid. Based on the measured inputs and responses, FRFs were then processed using a 24-channel 
LMS Scadas III analyzer. Figure 64 shows the sum of FRFs (70 points), estimated with and 
without viscoelastic patches. 
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Figure 64: FRFs with and without viscoelastic patches 
  
 From 125 Hz to 250 Hz the system response with viscoelastic patches is significantly 
damped. It is also noticed that the mass of the viscoelastic material plays an important hole, by 
decoupling the system response from powertrain excitation. As a result, when the viscoelastic 
material is removed, three resonance peaks manifest from 125 Hz to 150 Hz.  
 The mode shapes identified from 125 Hz to 150 Hz are presented in Figure 65. In order to 
determine the mode(s) with major contribution to the noise propagation, a sound field distribution 
was acquired using NAH technique and the B&K two-layer microphone array 3662-B-001 type, 
pictured in Figure 66.  
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mode 15 
mode 16 
mode 17 
 
Figure 65: Back panel mode shapes 
  
 
Figure 66: Microphone array used for sound mapping. 
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 Figure 67 shows the sound intensity from acquisition patterns performed over the total 
panel surface using the microphone array. In this chart, overlaid with the accelerance response, 
the highest sound intensity level is verified at 140 Hz. 
 
Figure 67: Sound intensity overlaid with the FRF curve. 
 
 
 In Figure 68, the sound intensity distribution at 140.0 Hz appears spatially correlated with 
vibration mode 15, which is, hence the most efficient radiator in the considered frequency range. 
 
 
Figure 68: Sound intensity distribution in module at 140 Hz. 
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7.3 Cavity Modes 
 
 The objective of this section is to characterize the acoustic-structural coupling between the 
cabin cavity and the back panel vibration. Utilizing the principle of reciprocity of an acoustic 
system (Fahy, 2003), structural-acoustic transfer functions were measured using a LMS low-mid 
frequency volume acceleration source (model 4098), 20 B&K microphones 4189 type inside the 
vehicle and 4 PCB 352C22 accelerometers covering 25 acquisition points over the rear panel in a 
grid, Figure 69. 
 Also called Qsource, the volume acceleration driver is an omnidirectional point source used 
for acoustic excitation. A volume acceleration sensor built into the Qsource was employed to 
produce the monitoring reference signal. An external Crown Macro-Tech 2402 power amplifier 
was used to amplify a burst random noise. The excitation signal was generated by a 24-channel 
LMS Scadas III analyzer employed for data acquisition and processing.  
  
 
Figure 69: Experimental setup for structural-acoustic transfer functions. 
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 The interior acoustic transfer function is given by Q/pi =   s/m/Pa 3 , where Q  is the 
volumetric acceleration input at the source and ip  is the sound pressure at each microphone 
location, Figure 70. The FRFs between the accelerometers responses ia  at grid points (Figure 
71), with respect to the source volumetric acceleration, were determined by Q/ai =
    s/m/s/m 32 . The ( Q/p ) and ( Q/a ) transfer function are presented in Figure 72. 
 
 
Figure 70: Microphones and Qsource inside the vehicle.
 
Figure 71: Accelerometers on back panel. 
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Figure 72: Structural-acoustic transfer functions. 
 
 In Figure 702 the four high pressure peaks observed at 81.5 Hz, 131.6 Hz, 139.5 Hz and 
145.7 Hz can be correlated to vibration peaks by modal coupling analysis. Following a color 
scheme where dark colors are assigned to high pressure values, panel modes 9 and 15 appear 
globally and coupled to cavity modes at 81.5 Hz and 131.6 Hz, respectively. Nonetheless, cavity 
modes at 139.5 Hz and 145.7 Hz are barely affected.  
 It is possible to conclude that the root cause of the boom was the engine excitation at its 
firing order, passing through a body panel resonance (mode 15), which then excited an acoustic 
cavity mode, at 131.6 Hz.  
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Panel mode 9 – Cavity resonance 81.5 Hz  Panel mode 15 – Cavity resonance 131.6 Hz 
   
   
-703 +703 -743 +743 
 
Panel mode 16 – Cavity resonance 139.5 Hz   Panel mode 17 – Cavity resonance 145.7 Hz 
    
    
-502 +502 -619 +619 
Figure 73: Panel-cavity modes.  
    
7.4 Shunt Circuits Tuning 
 
 The following section describes how three shunt circuits were tuned to decrease vibration at 
the panel mode 15. Epoxy adhesive was used to attach 3 PZT pairs on the back panel surface. 
Each pair was consisted by two piezoceramic patches 5H type wired using a stripe of copper foil 
with conductive adhesive, Figure 74. Dimensions and properties of the selected piezoceramic are 
listed in Table 1. The selected PZT locations correspond to regions near to the wave-crests of the 
target mode, where electric potential generation is maximized (Barboni et al., 2000). 
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Figure 74: Back panel with 3 PZT pairs (exterior view). 
 
 
 Figure 75 shows the system response with and without PZTs. The FRFs were acquired with 
the top and bottom electrodes of PZT pair 1 in short circuit to determine the short circuited 
resonance frequency,
 sf
= 132.60 Hz. The system response with free electrodes was used to 
identify the resonance when the circuit was opened,
 of
 = 132.14 Hz. Same procedure was 
repeated for PZT pairs 2 and 3. Using equations (57) – (61) the required inductance and 
resistance associated to each shunt circuit were calculated to be 
optL = 6.5 H and optR = 1352 Ω.  
 The shunts pictured in Figure 34 were adjusted to the required inductance and resistance 
values. In Figure 76, the system response with shunts in operation (circuits on) is compared to the 
original response, with and without viscoelastic patches. 
 At this point, although the attenuation achieved with shunts in operation, the viscoelastic 
material still offers the most significant contribution and lowest vibration levels from 125 Hz to 
150 Hz. 
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Figure 75: FRF with open and short circuited PZTs. 
  
Figure 76: FRF comparing the system with and without viscoelastic patches and the system 
response using piezoelectric resonators. 
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7.5 Improved Actuation 
 
 In order to increase damping capacity, the number of actuators was increased from 3 to 6 
PZT pairs, Figure 74. Each pair was consisted of two piezoceramic patches with increased 
thickness from 0.27 mm to 0.7 mm. The coupling coefficient k31 was selected to be 0.58 instead 
of 0.41 (therefore, higher conversion rate between electrical energy and mechanical energy). 
Length and width were increased from 33 mm to 35 mm. Dimensions and properties of the 
selected piezoceramic are listed in Table 6.  
 
Table 6: PZT-5H dimensions and properties 
Parameter Value 
Thickness  0.7 mm 
Length  35.0 mm 
Width  35.0 mm 
Density  7900 kg/m
3
 
Capacitance TC  0.097 mF 
Coupling coefficient k31 0.58 
 
 
 The PZT pairs, denoted by A1, A2, B1, B2 and C1, C2, were placed in regions near to the 
wave-crests of the target mode. A simplified electrical wiring was obtained by grounding the 
negative surface of the PZTs directly in the sheet metal using 3M CW2400 conductive silver 
epoxy, designed for conductive structural adhesions. The need of copper foils was eliminated by 
soldering electrical wires directly into the PZT screen-printed silver electrodes. 
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Figure 77: Back panel with 6 PZT pairs (view inside the vehicle).  
  
 The system response was acquired with the top and bottom electrodes of the PZT pairs A1 
and A2, connected in parallel and in short circuit to determine the short circuited resonance 
frequency,
 sf
= 131.5 Hz. The system response with free electrodes was used to identify the 
resonance when the circuit was opened,
 of
 = 131.0 Hz. Same procedure was repeated for PZT 
pairs B1/B2 and C1/C2. The required inductance and resistance associated to each shunt circuit 
were calculated to be 
optL = 17.5 H and optR = 3610 Ω. In sequence, the electrical network with 6 
PZT pairs was adjusted to the required circuit values. 
 In Figure 768, the additional attenuation provided by 6 PZT pairs is compared to the 
previous result with 3 PZT pairs and with the system response without viscoelastic material. 
PZT pairs 
A1 and A2 
 
PZT pairs 
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Figure 78: FRF comparing the system without viscoelastic patches and the system response 
using piezoelectric resonators with 3 and 6 PZT pairs. 
 
 
7.6 In-Vehicle Results 
 
 In Figure 79, interior noise levels with 3 and 6 PZT pairs (circuits on) are compared to the 
vehicle response without viscoelastic patches. Using 3 PZT pairs the SPL peak at 3000-3500 rpm 
was reduced from 4.5 to 4.0 dB. Finally, with 6 PZT pairs the SPL peak was reduced from 4.0 to 
3.5 dB. The difference between the SPL peak with viscoelastic patches and piezoelectric 
resonators is now about 0.5 dB. At that level (lower than 4.0 dB), the resulting deviation from the 
ideal trend (broken black line) is not subjectively noticeable (Cerrato, 2009). 
 In Figure 79, similar 2
nd
 order content is verified at 3000-3500 rpm, with either 
piezoelectric resonators or viscoelastic patches. 
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Figure 79: SPL without viscoelastic patches compared to results using 3 and 6 piezoelectric 
resonators. Y-axis scale is omitted to protect the confidentiality of the data. 
  
Figure 80: SPL with viscoelastic patches compared to the response using 6 piezoelectric 
resonators. Y-axis scale is omitted to protect the confidentiality of the data. 
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Figure 81: Interior noise spectrogram at WOT acceleration in third-gear. Bare steel (top). 
With viscoelastic patches (middle). With piezoelectric resonators (bottom). 
 
 In a mass balance, the use of 6 PZT pairs weighing a total of 88 g (plus 34 g related to the 
R-L circuits) resulted in 478 g of mass reduction when compared to the original system with 
viscoelastic material. 
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8 CONCLUSION 
 
 
 The damping capacity of piezoelectric resonators was compared to conventional 
viscoelastic sheets in a sequence of three experiments, conducted at the test facilities of General 
Motors Cruz Alta Proving Grounds (CAPG), in Indaiatuba-Brazil.  
 In the first experiment, a steel plate was installed between reverberant and anechoic rooms 
for STL assessment. Using a commercial Near-field Acoustic Holography (NAH) system, the 
sound field was visualized directly over the radiating surface, identifying the most relevant 
modes to the noise propagation. Finite Element (FE) simulation and theoretical analysis were 
employed to design three piezoelectric resonators to perform in the identified critical modes, at 
125 Hz and 315 Hz. The obtained vibration suppression resulted in 3 dB gain in sound 
transmission loss at the target frequency bands. Equivalent sound transmission was achieved by 
two viscoelastic sheets, weighting approximately two times more.  
 Further, design elements of the first experiment were replicated into an automotive 
component. The evaluated system consisted of a dash panel installed between reverberant and 
anechoic rooms for STL assessment. The dash panel, including dash insulator and pass-throughs, 
was initially evaluated using sound field visualization technique (SHB) and STL measurements. 
At high frequency, a flanking noise path was identified (and eliminated by appropriate sealing) in 
the steering column pass-through area. At lower frequencies, the sound field visualization 
revealed a resonant transmission path. As expected, the dash insulator did not perform in low 
frequency and a decrease in STL was verified below 150 Hz.  
 For a better understanding of such structural behavior, a commercial FE solver was used to 
compute the dash panel modes. In sequence, experimental modal analysis were employed to 
determine the most relevant modes to the noise transmission below 150 Hz. Following the 
process of shunt circuits tuning, two piezoceramic pairs were selected to attenuate the amplitude 
of vibration in the identified target mode. The obtained 3 dB gain in sound transmission loss 
indicated that piezoelectric resonators have substantial performance benefits in terms of 
providing effective noise and vibration reduction at low frequency. In mid frequencies, the ability 
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of viscoelastic materials to perform in broadband resulted in 1.0 dB higher STL, per an added 
mass approximately 78% higher than the piezoceramics.  
 Based on the achieved results, the range of application for each one of the tested noise 
control strategies can be classified as follows: 1) mass, sound absorption and appropriate sealing 
at high frequencies; 2) cost-effective viscoelastic sheets in mid frequencies; and 3) the forced 
damping provided by piezoelectric resonators in lower frequencies, where the performance of 
conventional damping treatments is known to be limited. 
 This clear definition of the limits to the use of piezoelectric resonators motivated the last 
part of the thesis. In this practical application, piezoelectric resonators were designed to replace 
viscoelastic sheets and attenuate the vibration induced by powertrain excitation in the back panel 
of a vehicle. Without viscoelastic patches the vehicle was found to exhibit a booming noise when 
the engine speed was swept through the 3000-3500 rpm speed range. The changes in interior 
noise response were quantified by SPL measurements at the driver’s ear location, during 
acceleration in a hemi-anechoic chassis-roll dynamometer. Further, integrated component modal 
analysis and NAH technique were employed to determine the most relevant mode to the noise 
propagation.  
 The problem at vehicle level demanded not only component modal analysis, but also 
structural-acoustic transfer functions to characterize the coupling between the cabin cavity and 
the back panel. After the problem characterization, 3 PZT pairs and the associated electrical 
network were designed perform in the identified critical resonance. Initial testing with 3 PZT 
pairs resulted in 0.5 dB attenuation in the booming peak from 3000 rpm to 3500 rpm, against 1.5 
dB attenuation obtained in baseline assessment using viscoelastic sheets. To overcome this 
disadvantage, higher actuation capacity was achieved by increasing the number of actuators from 
3 to 6 PZT pairs. Using 6 PZT pairs, similar SPL response was observed with either, piezoelectric 
resonators or viscoelastic sheets. In both cases, the linearity in overall noise sweep was secured 
by SPL differences lower than 4.0 dB between peaks and valleys. In a mass balance, the desired 
interior noise levels were achieved with 478 g of mass reduction when compared to the original 
system with viscoelastic material.  
 The employed instruments and procedures have added many contributions to the process of 
shunt circuits tuning. For example, design choices associated to the placement of piezoelectric 
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patches were supported by FE simulation and sound field visualization techniques (NAH and 
SHB). It was also useful to display the structural response and the sound intensity on the same 
plot for comparison. In this case, accelerance peaks overlaid with highest sound intensity levels 
conducted to the identification of the most relevant modes.  
The work resulted in two international peer-reviewed publications (Rocha et al., 2013b; 
Rocha and Dias Jr., 2014); and a U.S. patent application in behalf of General Motors Corporation 
(Rocha, 2013a). The disclosed information and learnings were intended to contribute for 
developing piezoelectric damping solutions technically feasible for noise and vibration problems 
in automotive components. 
 
8.1 Future work 
 
 Several of the presented outcomes could be used as topics for subsequent studies. However, 
the most natural extension of the work would be the study of active vibration control and the 
implementation of active vibration control in a vehicle. Since active control systems demand 
sophisticated control laws and heavyweight voltage amplifiers to drive the actuators, a trade-off 
should also be considered between control performance and fuel consumption. 
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APPENDIX A - ANSYS Code 
 
 
 This appendix presents the Ansys code used for modeling the piezoelectric and structural 
coupling. It also includes the algorithm for shunt circuit tuning with detailed account of analysis 
and post-processing.  
 
FINISH 
/CLEAR 
! 
/PREP7       !Enter preprocessor 
/TITLE, PIEZO SHUNT SIMULATION  
/UNITS,SI 
! 
/NOPR 
/UIS,MSGPOP,3       
SMRT,OFF  
SHPP,OFF      !Turn off shape check for thin aspect ratio  
! 
!================================================================= 
! MATERIAL PROPERTIES FOR THE STEEL PLATE 
!================================================================= 
MP,EX,1,2.1e+011     !Elasticity young's modulus 
MP,NUXY,1,0.3125     !Poison's ratio 
MP,DENS,1,7650     !Density 
t=0.001                  !Plate thickness, m 
R,1,t,t,t,t        !Shell Element Thicknesses 
l=0.5                    !Plate length, m 
b=0.5                    !Plate width, m 
nel=20                  !Number of elements in x and y 
! 
!================================================================= 
! EPOXY ADHESIVE PROPERTIES  
!================================================================= 
MP,EX,2,5.1e+09       !Elasticity modulus 
MP,NUXY,2,0.4         !Poison's ratio 
MP,DENS,2,1000     !Density  
ta = 0.00015             !Adhesive thickness, m 
! 
!================================================================= 
! PROPERTIES FOR PZT-5H PIEZO Z-POLARIZED  
!================================================================= 
tp = 0.00025      !PZT thickness, m  
lp = 0.036             !PZT length, m 
bp = 0.036               !PZT width, m 
rho  = 7800              !Density for piezo material 
epo  = 8.854E-12         !Ref. air permittivity 
ep11 = 15.03E-9          !Permittivity in x direction  
ep22 = 15.03E-9          !Permittivity in x direction  
ep33 = 13E-9             !Permittivity in z direction 
!================================================================= 
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E16 =  17             !Piezoelectric constants     
E25 =  17        
E31 = -6.5        
E32 = -6.5        
E33 = 23.3  
!=================================================================    
C11 = 126E9       !Stiffness constants         
C12 = 79.5E9       
C13 = 84.1E9       
C22 = 126E9        
C23 = 84.1E9       
C33 = 117E9        
C44 = 23.3E9       
C55 = 23E9        
C66 = 23E9     
!================================================================= 
D31 = -274E-12      !Piezoelectric coupling 
S11 = 16.5E-12      !Compliance 
kp31 = -D31/((S11*ep33)**(1/2))   !Electro-mechanical coupling coefficient    
!================================================================= 
MP,DENS,3,rho         !Define material properties tables 
MP,PERX,3,ep11/epo        
MP,PERY,3,ep22/epo         
MP,PERZ,3,ep33/epo             
TB,PIEZ,3       !Piezo table  
TBDATA,16,E16         
TBDATA,14,E25         
TBDATA,3,E31          
TBDATA,6,E32          
TBDATA,9,E33          
TB,ANEL,3       !Structural table  
TBDATA,1,C11,C12,C13        
TBDATA,7,C22,C23         
TBDATA,12,C33         
TBDATA,16,C44         
TBDATA,19,C55         
TBDATA,21,C66         
! 
!================================================================= 
! ELEMENT TYPES 
!================================================================= 
ET,1,SHELL181     !2-D structural shell element 
keyopt,1,3,2 
keyopt,1,8,2 
ET,2,SOLID45            !3-D brick element for adhesive  
ET,3,SOLID5,3      !3-D solid for piezo elements  
ET,4,SOLID5,3         
! 
!================================================================= 
! DEFINE GEOMETRY 
!================================================================= 
x1 = (l/2)-(lp/2)       
x2 = (l/2)-(lp/2)+lp 
y1 = (b/2)-(bp/2) 
y2 = (l/2)-(lp/2)+bp 
BLOCK,x1,x2,y1,y2,0,ta      !Volume for adhesive top 
BLOCK,x1,x2,y1,y2,0,-ta     !Volume for adhesive bot 
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BLOCK,x1,x2,y1,y2,ta,ta+tp     !Volume for PZT top 
BLOCK,x1,x2,y1,y2,-ta,-ta-tp    !Volume for PZT bot 
! 
VGLUE,ALL 
! 
!================================================================= 
! PIEZO ELEMENTS SECTION 
!================================================================= 
TYPE,3       !Element switch 
MAT,3       !Material switch 
MOPT,VMESH,ALTE 
ESIZE,l/nel 
!ESIZE,,1 
VMESH,6              !Mesh  
! 
TYPE,4       !Element switch 
MAT,3       !Material switch 
MOPT,VMESH,ALTE 
ESIZE,l/nel 
!ESIZE,,1 
VMESH,7              !Mesh   
! 
!================================================================= 
! BOUNDARY LOADS ON PZT  
!================================================================= 
esel,s,type,,3      !Select the piezo elements  
NSLE,s,face,6          !Select nodes attached to the a face  
cp,1,volt,all 
NSEL,CP,1 
*get,ntop,node,0,num,min          !Get master node on top PZT 
NSEL,ALL  
NSLE,s,face,1         !Select nodes attached to the a face  
cp,2,volt,all 
NSEL,CP,2 
*get,gtop,node,0,num,min          !Get node to ground on top PZT 
NSEL,ALL                        
D,gtop,VOLT,0                     !Ground on top PZT    
NSEL,ALL      
! 
esel,s,type,,4          !Select the piezo elements 
NSLE,s,face,6         !Select nodes attached to the a face  
cp,3,volt,all 
NSEL,CP,3 
*get,nbot,node,0,num,min          !Get master node on bottom PZT  
NSEL,ALL   
NSLE,s,face,1          !Select nodes attached to the a face  
cp,4,volt,all 
NSEL,CP,4 
*get,gbot,node,0,num,min          !Get node to ground on botton PZT 
NSEL,ALL                        
D,gbot,VOLT,0                     !Ground on botton PZT  
NSEL,ALL    
! 
ESEL,all 
! 
!================================================================= 
! DETERMINE PZT STATIC CAPACITANCE   
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!================================================================= 
/SOLU 
NSEL,ALL  
D,ntop,VOLT,1                 !Short-circuit top electrode   
D,nbot,VOLT,1                 !Short-circuit top electrode  
antype,static                      !Static analysis 
SOLVE 
*get,Cstop,node,ntop,rf,amps         !C = Q/V, where V = 1 Volt 
*get,Csbot,node,nbot,rf,amps         !C = Q/V, where V = 1 Volt 
Cs = 0.95*((abs(Cstop)*abs(Csbot))/(abs(Cstop)+abs(Csbot)))  !Series capacitance     
NSEL,ALL  
DDELE,ntop,VOLT            !Delete volt constraints on top electrode 
DDELE,nbot,VOLT            !Delete volt constraints on top electrode 
FINI 
! 
!================================================================= 
! HOST STRUCTURE ELEMENTS SECTION 
!================================================================= 
/PREP7       !enter preprocessor 
! 
TYPE,2       !Element switch 
MAT,2       !Material switch 
MOPT,VMESH,ALTE 
ESIZE,l/nel 
!ESIZE,,1 
VMESH,1,5               !Mesh 
! 
rect,0,l,0,b      !area for steel plate 
rect,x1,x2,y1,y2     !area for pzt 
rect,0+l/nel,l-l/nel,0+l/nel,b-l/nel !area for edges 
! 
!7 areas até o momento 
ASBA,7+1,7+3,,,keep  
ASBA,7+3,7+2,,,keep  
! 
TYPE,1       !Use shell63 element 
MAT,1       !Switch to material 1 
REAL,1       !Switch to real constant set 1 
! 
ESIZE,l/nel 
!ESIZE,,1 
ASEL,S,AREA,,7+2      
AMESH,7+2        !Mesh area for PZT  
! 
ESIZE,l/nel 
ASEL,S,AREA,,7+4      
AMESH,7+4          !Mesh area for edges 
! 
ASEL,S,AREA,,7+1 
ESIZE,l/nel      !Number of divisions 
MSHKEY,0  
AMESH,7+1       !Free mesh area among PZT and edges 
! 
NUMMRG,NODES,1.0E-4      !Glue PZT to base structure 
/PNUM,TYPE,1     !Element type view 
/REPLOT      
EPLOT 
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! 
!================================================================= 
! BOUNDARY CONDITION FOR STRUCTURAL ELEMENTS - CLAMPED EDGES 
!================================================================= 
NSEL,S,LOC,X,(0) 
D,ALL,ALL,0 
NSEL,ALL 
NSEL,S,LOC,X,(l) 
D,ALL,ALL,0 
NSEL,ALL 
NSEL,S,LOC,Y,(0) 
D,ALL,ALL,0 
NSEL,ALL 
NSEL,S,LOC,Y,(b) 
D,ALL,ALL,0 
NSEL,ALL 
! 
FLST,2,1,1,ORDE,2    
FITEM,2,node(0.5,0.35,0),node(0.5,0.375,0) 
DDELE,P51X,ALL   
! 
FINISH 
! 
!================================================================= 
! GET SHORT AND OPEN TARGET FREQUENCIES  
!================================================================= 
freqstart = 125     !Define initial frequency Hz  
freqstop =  145     !Define end frequency Hz  
nmodes = 2      !Define number of modes to be calculated 
targetmode = 1               !Define the target mode 
! 
!SHORT CIRCUT  
/SOLU 
ANTYPE,2         !Modal analysis 
MSAVE,0 
MODOPT,LANB,nmodes 
EQSLV,SPAR 
MXPAND,nmodes, , ,1 
LUMPM,0 
PSTRES,0 
MODOPT,LANB,nmodes,freqstart,freqstop, ,ON    
NSEL,ALL 
D,ntop,VOLT,0                 !Short-circuit top electrode   
D,nbot,VOLT,0                 !Short-circuit top electrode  
NSEL,ALL            
SOLVE 
*GET,Fs,MODE,targetmode,FREQ 
FINISH 
! 
!OPEN CIRCUIT 
/SOLU 
ANTYPE,2 
MSAVE,0 
MODOPT,LANB,nmodes 
EQSLV,SPAR 
MXPAND,nmodes, , ,1 
LUMPM,0 
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PSTRES,0 
MODOPT,LANB,nmodes,freqstart,freqstop, ,ON  
NSEL,ALL  
DDELE,ntop,VOLT            !Delete volt constraints on top electrode 
DDELE,nbot,VOLT            !Delete volt constraints on top electrode 
NSEL,ALL       
SOLVE 
*GET,Fo,MODE,targetmode,FREQ 
FINISH 
!                        
Ws = 2*3.1415927*Fs          !Short circuit resonance in rad/s 
Wo = 2*3.1415927*Fo       !Open circuit resonance in rad/s 
! 
!================================================================= 
! TUNING THE RL CIRCUIT   
!=================================================================  
Cps = Cs*(1-(kp31**2))                   !Capacitance at constant strain (F) 
K31 =((Wo**2 - Ws**2)/Ws**2)**(1/2)     !Generalized coupling coef. 
sigma_opt =(1+(K31**2))**(1/2)          !Optimal tuning parameter 
!inductor = 1/(Cps*((sigma_opt*Ws)**2)) 
inductor = 1/(Cps*(Ws**2))               !Inductor(H) 
r_opt = sqrt(2)*K31/(1+(K31**2))        !Optimal circuit damping 
resistor = r_opt/(Cps*Wo)                !Resistor(ohm) 
! 
!================================================================= 
! SET UP FOR CIRCUIT ELEMENTS  
!================================================================= 
! 
/PREP7                 
N,5000,0.25,0.25,0.1                !Dummy node  
nconec = 5000 
! 
ET,8,CIRCU94,0     !Create resistor 
R,8,resistor 
TYPE,8 $ REAL,8  
!E,ntop,nconec 
! 
ET,9,CIRCU94,1     !Create inductor 
R,9,inductor 
TYPE,9 $ REAL,9  
!E,nconec,nbot  
! 
FINISH  
! 
!================================================================= 
! HARMONIC ANALYSIS 
!================================================================= 
! FREQUENCY RANGE 
freqstart = 125 
freqstop =  145 
deltafreq = 0.5 
substeps = (freqstop-freqstart)/deltafreq 
! 
Force = 1 
input_node = ntop 
output_node = nbot 
! 
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/SOLU 
ANTYPE,3       !Harmonic option 
HROPT,FULL 
NSEL,ALL  
F,input_node,FZ,Force,  
alls 
HARFRQ,freqstart,freqstop,  
DMPRAT,0.0025,        !0.25% structural damping  
NSUBST,substeps,  
KBC,1       !Stepped loads 
! 
SOLVE 
FINISH 
! 
!================================================================= 
! POST PROCESS 
!================================================================= 
/post26 
nsol,2,output_node,UZ 
plvar,2 
/GROPT,LOGY,ON      !Scale y axis to logaritimic   
/REPLOT,2           !Replot 
! 
! SAVE RESULTS TO A FILE  
*CREATE,scratch,gui  
*DEL,_P26_EXPORT 
*DIM,_P26_EXPORT,TABLE,substeps,2 
VGET,_P26_EXPORT(1,0),1  
VGET,_P26_EXPORT(1,1),2,,0   
VGET,_P26_EXPORT(1,2),2,,1   
/OUTPUT,'outputs','prn','../Teo/Doutorado/Piezo-Plate'    
*VWRITE,_P26_EXPORT(1,0),_P26_EXPORT(1,1),_P26_EXPORT(1,2)   
%14.5G %14.5G %14.5G 
/OUTPUT,TERM 
*END 
/INPUT,scratch,gui  
! 
! Print Variables 
/COM,    SHORT-CIRCUIT Cs = %Cs% 
/COM,    SHORT-CIRCUIT Fs = %Fs%,Hz   
/COM,    OPEN-CIRCUIT  Fo = %Fo%,Hz  
/COM,    inductor = %inductor%,H 
/COM,    resistor = %resistor%,ohm 
! 
!================================================================= 
! END OF PROCESS 
!================================================================= 
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APPENDIX B – Design Criteria for Maximized Damping 
 
 
 This appendix describes the two most common configuration for PZT pairs attached to the 
top and bottom surfaces of a base structure: 1) Out of phase “bending” configuration and 2) In 
phase (or Extensor). 
 
 
PZT pair out of phase in “bending” configuration (Piezo Systems Inc., 2008) 
 
PZT pair in phase or Extensor (Piezo Systems Inc., 2008) 
In the out of phase configuration, piezoceramic patches are usually attached to the top and 
bottom surfaces of a base structure and wired to produce opposite fields in the piezoceramic pair, 
thus causing the top piezoceramic to contract as the bottom expands, producing a moment in the 
structure. Likewise, a voltage appears across the PZT pair if the structure is bent. 
When a structure is bent, the strain is concentrated at the points of maximum curvature and 
the highest voltage appears across a PZT pair (wired to produce moment) when the maximum 
curvature is achieved. Therefore, to maximize the energy dissipation in a desired mode, the 
bending actuator must be placed near to a location corresponding to an anti-node of the mode, 
where the highest total strain takes place (Barboni et al, 2000), as below illustrated: 
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When in phase (or Extensor), the piezoceramic patches attached to the top and bottom 
surfaces of a base structure are wired to produce identical fields in the piezoceramic pair, thus 
causing the top and bottom piezoceramics to expand (or contract) in the same direction. 
Similar to viscoelastic material, the energy dissipation of a PZT pair in phase (or Extensor) 
is proportional to its shear strain. Therefore, damping is maximized when the Extensor is placed 
in a region of high shear (xy) strain, as below illustrated (Kim and Singh, 2001): 
 
 
Region of maximized shear 
strain and energy 
dissipation. 
